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Preface 

The present volume includes selected papers from the International Conference on Power 
Transmissions 2011 (ICPT’2011). The conference is an international event which is hosted by 
Northwestern Polytechnical University and jointly organized by the State Key Laboratory of 
Mechanical Transmission, China Aviation Powerplant Research Institute, Zhengzhou Research 
Institute of Mechanical Engineering, and will be held in Xi’an, China during October 25-29, 
2011.  

This volume presents a selection of 202 papers from those submitted to the conference from 
universities and industries all over the world. All of the papers have been double-blind reviewed 
by picked experts. The papers selected for this volume depended on their quality and their 
relevancy to the conference. I hope this volume will provide the readers and researchers a broad 
overview of the recent advances in the field of power transmissions.  

I wish to express my sincere appreciation and thanks to the Co-Chairs, all the members of the 
ICPT’2011 Conference Board, Organizing Committee and Scientific Committee, and all the 
referees, staffs, volunteers for their tremendous efforts. Without their hard work and excellent jobs, 
it was impossible to lead to the success of ICPT’2011 and this special issue.   

I am grateful to over 80 referees from Chongqing University, Harbin Marine Boiler & Turbine 
Research Institute, China Aviation Powerplant Research Institute, Beijing University of 
Aeronautics and Astronautics, Dalian University of Technology, Nanjing University of 
Aeronautics and Astronautics, Shanghai University, Shandong University, Taiyuan University of 
Technology, University of Science and Technology Beijing, Xi’an Jiaotong University, Xi’an 
University of Technology, Northwestern Polytechnical University and Zhengzhou Research 
Institute of Mechanical Engineering for their strict reviews which guaranteed the quality of 
ICPT’2011 and this volume. 

I am grateful to all the members of the Organizing Committee of ICPT’2011: Prof. Geng Liu, 
Prof. Liyan Wu, Prof. Sanmin Wang, Ms Hua Su, Ms Jingting Yuan, Ms Ru Yuan, Dr Zhaoxia He. 
Without their diligent work and countless contribution, it would be unthinkable that we may have 
the success of ICPT’2011 and this volume. 

I also wish to thank the chairs and members of the Scientific Committee of ICPT’2011 for their 
contribution to the high-standard technical program. 

Furthermore, I am deeply indebted to the volunteers of ICPT’2011 for their tremendous work to 
make the selected papers in this volume meet the high requirement for publication, and Trans 
Tech Publications for producing the volume. 

Finally, I would like to thank all the authors for their contribution to this valuable special issue. 

 

  

Prof. Zeyong Yin 
Chair of ICPT’2011 
Member of Chinese Academy of Engineering 
Aviation Industry Corporation of China 
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Abstract. The helicopter power transmission system technology is the key technical area for 

improving the helicopter performance, reducing the noise/vibration level of helicopters and 

decreasing the cost of life cycle of helicopters. In this paper, the technical characteristics of the 

helicopter power transmission system are introduced first. Then, the development history and trend 

of the transmission configuration, the component and the design and analysis technique of the 

transmission system are described. The advanced material and process technology applied in the 

helicopter power transmission system are also described. Finally, the power transmission system 

technology used in the high speed helicopters is briefly presented. 

Introduction 

The power transmission system, engine and rotor system are the three key rotation components of a 

helicopter. The function of the power transmission system is to distribute proportionally the engine 

power to the main rotor and the tail rotor, whose rotation speeds are much lower than that of the 

engine, to transmit the load from engine, main rotor and tail rotor to the airframe and to drive the 

helicopter accessories [1]. Generally, the power transmission system of the most widely used single 

rotor helicopter consists of the main gearbox (MGB), power drive shaft (PDS), tail drive shaft 

(TDS), intermediate gearbox (IGB) and tail gearbox (TGB), etc.(Fig.1 and Fig.2). 

As well known, a helicopter power transmission system is dedicated to one specific helicopter. 

However, the advanced power transmission systems have such common features as compact 

structure, long drive train, large transmission power and high speed ratio. The development of the 

power transmission system involves the research which focuses on the advanced technologies such 

as the new design concept, advanced transmission structure, components and lubrication system 

design, advanced material and process technology, condition monitoring and failure diagnosis as 

well as the vibration and noise reduction. The development of transmission system technology is 

pushed by the needs for advanced products, and on the other hand its technology improvement will 

promote the product development.  

The power transmission system has a significant impact on the performance, reliability and cost 

of a helicopter. As reported, the power transmission system’s comprise almost 30% of the helicopter 

maintenance cost and 16% of the mechanical related malfunctions that often result in the loss of 

helicopter [2]. Its contribution to the weight of helicopters is about 10~15%,and to the procurement 

cost is about 12~20% as we summarized. Therefore the development of power transmission system 

technology aims at higher power density, longer life, higher reliability, better maintainability, higher 

survivability, lower noise and lower life cycle cost.  
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Fig.1 Sketch of drive train of power transmission system 

[3]
  

 

Fig.2 Section view of a typical MGB 
[4]

 

Technical Characteristics of Power Transmission System 

Development History of Power Transmission System. Since 1950’s, three generations of the 

power transmission system have been developed. For the third generation power transmission 

system, the ratio of weight to output torque of MGB is reduced to 0.060～0.063kg/kgf·m, the 

loss-of-lubrication operation capability reaches 45min and TBO (Time between Overhaul) 4000 

flight hours. The fourth generation power transmission system is in development. The main 

technical parameters of the power transmission system generations as well as the helicopters which 

the power transmission systems are installed on are listed in Table 1, and some typical types of them 

are shown in Fig.3. 

Table.1 Main technical parameters of power transmission systems 
Generation 1st 2nd 3rd 4th(Prototype) 

Into service 1950s 1960s 1970s~1980s 1990s~2000s 21 century 

Helicopter model 

Mi-4 

Bell 47 

S-51 

Ka-18 

Mi-6,Mi-8 

UH-1C 

Bell209 

SA321 

A129 

UH-60A 

AH-64A 

CH53 

Mi-28,K-50 

UH-60L 

AH-64D 

Tiger,NH90 

Comanche 

UH-60M 

AH-64M 

MGB input speed(r/min) <3000 <7000 >20000 
>20000 

(“Tiger”6000) 
>20000 

MGB  

total speed ratio 

13.47 

(Mi-4) 

28.57 

(Super Frelon) 

81 

(UH-60A) 

81 

(UH-60L) 

81(UH-60M) 

64.79 

(Comanche) 

MGB TBO(h) ＜600 ＜1200 1500～3000 3000～4000 4000～5000 

MGB  ratio of weight to  

output torque (kg/(kgf.m)) 
～0.075 ～0.070 ～0.067 0.060～0.063 0.056～0.058 

MGB loss-of-lubrication 

operation capability 
No requirementNo requirement 30min 45min 

＞45min 

(Comanche reached 60min)

HUMS* None None Partially Partially Full 

* Note: HUMS: Health and usage monitoring system. 
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(a) K-50 helicopter and transmission system sketch 

     

(b) CH53 helicopter and transmission system sketch 

   

(c) “Tiger” helicopter and transmission system sketch  

       

(d) Apache helicopter and transmission system sketch  

    

(e) Comanche helicopter and transmission system sketch                

Fig.3 Typical power transmission systems and corresponding helicopters 

Technical Characteristics of Up-to-date Power Transmission System. The main technical 

characteristics of up-to-date power transmission system are as follows: high input rotation speed, 

high power density, long life, high reliability, good maintainability, high efficiency and high 

survivability. 

(1) High input rotation speed 

Most of the engines are designed without reduction gearbox at present, and their output rotation 

speeds (i.e. input rotation speed of MGB) are increased to 20000 r/min or more from the previous 

6000 r/min or less, thus the technology for the high input speed MGB design and manufacturing is 

required. 

(2)High power density 

The power transmission system with high power density could obviously reduce a helicopter’s 

net weight, increase its payload, and therefore improve the helicopter performance, thus 

corresponding transmission configuration and components, high strength material and more 

efficient lubrication system are needed. 
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(3) Long life, high reliability and good maintainability 

In order to reduce the life cycle cost, a power transmission system should be of longer life, 

higher reliability and better maintainability. There is significant number of the critical and important 

parts in a power transmission system and their failure could result in catastrophic accident, therefore 

high reliability for the transmission system is requisite. It makes the design, manufacture, test, 

maintenance, diagnosis and inspection of the power transmission system more difficult. 

(4) High efficiency  

Due to the large difference of the rotation speeds between the main rotor (as well as tail rotor) 

and the engine output, the MGB of the power transmission system should consist of multiple 

complicated gear stages, thus the transmission efficiency of the gearbox is significantly affected. It 

is necessary to design the more efficient components of the transmission system. For advanced 

helicopter power transmission systems, the efficiency of a single stage drive of the MGB should be 

over 99% and about 97% for the whole MGB. 

(5) High survivability 

According to airworthiness regulations, taking into account the severe abnormal oil leakage, it is 

mandatory for the power transmission system to operate for a certain period without oil, which is 

the loss-of-lubrication operation capability. For advanced helicopter transmission systems, the 

loss-of-lubrication operation time could reach one hour. In addition, the crashworthiness 

requirements are defined in the airworthiness regulations. Furthermore, the ballistic tolerance is 

required for the military helicopter. 

Development of Transmission Configuration, Installation Structure, Component technology 

and Design Analysis of Power Transmission System     

The developments of the power transmission system, engine and rotor system are affected and 

promoted each other. On one hand, high aerodynamic performance, more compact structure, light 

weight and high output rotation speed are the characteristics of advanced engine design (the output 

rotation speeds of turbo shaft engines reach 20000rpm/min and more at present) .On the other hand, 

and to some degree, the lower speed rotor design could result in higher efficiency of the rotor. Thus 

the problem faced by a transmission designer is to design the power transmission system which has 

larger speed ratio and higher power density. A speed ratio up to 100 between the engine and the 

main rotor is expected [5]. 

Technical Development of Transmission Configuration and Installation Structure of Power 

Transmission System 

Main transmission configuration. Most of the MGB are the twin-engine power combining 

gearboxes, whose design method could also be used in other gearbox types. Therefore, here it is 

discussed in detail. 

There are following four types of the transmission configuration of MGB main gear train 

generally (Fig.4):  

(1)Type A: cylindrical gear combining stage / bevel gear angle turn stage / planetary gear stage 

(2)Type B: bevel gear angle turn stage / cylindrical gear combining stage/ planetary gear stage 

(3)Type C: bevel gear angle turn stage/bevel gear angle turn and combining stage/ planetary gear 

stage 

(4)Type D: gear train of fixed-axis (simple fixed-axis gear train and split-torque gear train) 
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(a)Type A                         (b) Type B                                                                  

         

(c)Type C                        (d) Type D 

Fig.4 Drive train sketch of MGB 

The MGB was often designed as Type A in the past because of plenty of existing engineering 

experiences, but the structure of some old MGB of this type seems complicated. In comparison with 

other types, the loads of its bevel gears may be larger and the MGB weight may be increased 

consequently. 

Type B, when the first two stages are of bevel gears, could be used for the wide range of 

combining distance between two inputs of the gearbox but not suitable for the too small combining 

distance ones.  

Type C could also be used for the wide range of combining distance. The structure of this 

configuration is compact and its diameter and height could be smaller. Its benefit on reducing the 

number of components and improving the reliability is very clear. 

The structure of the MGB Type D is simple with fewer gears and bearings and suitable for the 

smaller height requirement. For the MGB transmitting large power, the split-torque gear train could 

be used, which is beneficial to the weight, improves the strength and fatigue life of the MGB and is 

more often used in the recently developed helicopters. For the MGB with large speed ratio a 

planetary gear train could be added as the last stage. 

The IGB, TGB and TDS consisted of horizontal and pylon shafts are used in the medium and 

large size helicopters, whereas in small-sized helicopters only TGB and horizontal tail drive shafts 

are used. The IGB and TGB are of single stage spiral bevel gear drive. 

Development trend of transmission configuration. The transmission configurations with 

conventional planetary gear train are still widely used (Fig.5) and the planetary gear train has the 

advantages of sharing torque and compact structure. However, as reported, the speed ratio of 

planetary gear train is restricted and could not exceed 4.7
 
[5, 6].  

During the past decades, professors and engineers have been working on developing the high 

performance MGB transmission configurations such as those with bearingless planetary gear train 

(Fig. 6) and those with split-torque gear train (see Fig. 7) as well as improving the conventional 

planetary ones[1,6]. 

The configuration with bearingless planetary gear train offers advantages over the conventional 

planetary one. It could provide large speed ratio with high efficiency, sufficient stiffness and 

self-centering capability, give uniform load distribution between planet gears, and effectively 

prevent the planetary elements from casing deformation. Since it has no planet bearings, there is a 

weight saving, power losses and failure decreasing [1].  

 

Split-torque gear train 
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Fig.5 MGB transmission configuration with conventional planetary gear train 

                   

Fig.6 MGB with bearingless planetary gear train     Fig.7 MGB with split-torque gear train  

For the split-torque gear train, the engine power is splited first and then combined. The 

configuration with the split-torque gear train also shows its advantage over the conventional 

planetary one in weight and reliability, especially for the large-sized helicopter.  

The application of face gear is a progress of the power transmission system technology. Face 

gear is a new type of gear, which consists of an involute cylindrical pinion and a bevel gear, and has 

many advantages such as high load capacity, simple support structure and low sensitivity to 

assembling misalignment
[7, 8]

 especially for the application in the split-torque gear train 

configuration.  

A study provided the comparison between the MGB of a split-torque face gear train 

configuration (with transmission power of 1200kW and speed ratio of 66) and that of conventional 

3 stage Type B configuration
 
as shown in Table 2

[5,6]
. 

Table 2 Comparison between the MGBs of split-torque gear train and conventional planetary gear train 

Characteristic Split-torque conventional planetary difference 

Total weight,（kg） 193 330.6 - 40.1% 

Power losses, 

engine to rotor 
2.2% 2.9% - 24% 

Gears number in main 

drive train 
8 12 - 33% 

Bearings number in main 

and tail drive train 
17 23 - 22% 

 

Fig.8 shows a MGB with face gear train and the corresponding conventional one. Fig. 9 shows 

another example for the MGB with split-torque face gear train. The MGB in Fig.8 and 9 are 

composed of a face gear train and a planetary gear train. 

Input 

Planetary gear train 

Output 

Split -torque train 
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Installation structure of MGB. There are mainly 5 types of MGB installation structure, 

including rigid, elastomeric, nodalized beams structure etc. as following: 

(1) Four struts installation (suspension installation) 

For this type of installation structures, MGB is supported on the airframe with 4 struts connected 

with the 4 lugs of upper housing and the attachments at the bottom of MGB (Fig.10). The struts 

undertake lifting force, shear force and bending moment from main rotor, and the attachments at the 

bottom transmit the torque and shear force. 

 

Fig.10 Installation structure of AS350 “Squirrel” MGB 

(2) Eight struts installation  

In this type of installation, MGB is supported with 8 struts, every two of which are connected 

together to form a supporting truss. The loads of the main rotor are transmitted to the airframe 

through the supporting truss (Fig.11). 

  

Fig.11 Installation structure of a MGB with eight struts 

(3) Multiple struts installation 

For this type, there are multiple supporting struts (more than 8, e.g. 12 pieces) to form a truss to 

support MGB as shown in Fig.12.  

2 stage face 

gear train 
Conventional 3 stage  

gear train 

Fig.8 Face gear configuration and 

 corresponding conventional one
[7]

 
Fig.9 MGB with split- torque face gear train

[9]
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Fig.12 Installation structure of EH101 MGB

[10]
 

(4) MGB bottom installation 

For this type, the MGB is directly bolted to the airframe with the attachments on its bottom as 

shown in Fig.13.  

(5) Nodalized beam installation 

For this type, the MGB is installed on the airframe with nodalized beams. For example, on Bell 

214 MGB, there are two attachments on the upper housing and three elastomeric supports on the 

lower housing, as shown in Fig. 14. The upper two attachments are installed with the nodalized 

beams which are connected with the airframe at their nodes. In this way the vibration transferred to 

the airframe is significantly reduced.  

               
Fig.13 “Black Hawk” MGB installation   Fig.14 Bell 214 MGB installation 

Four struts installation structure is usually applied in the MGB for which the main rotor shaft 

comprised a separate module with the upper housing, etc.( modular main rotor shaft). It has short 

path of load transmitting and passive or active damping devices could be adopted between MGB 

and airframe. 

The redundancy and hence the crashworthiness of eight struts installation structure is larger than 

those of the 4 struts one. However, more space is needed to install it on the airframe and otherwise 

it is difficult to arrange MGB accessories. This structure is also widely applied at present. 

Multiple struts installation structure is a hyperstatic structure with even larger redundancy and 

relatively small load on each strut. However, since all the load is transmitted by the MGB main 

housing, this may result in the MGB weight increase. It is more suitable for MGB of large-sized 

helicopters, especially the small height/diameter ratio ones.  

MGB bottom installation structure also has larger redundancy and is relatively heavier than the 4 

struts installation since the main casing of MGB is also subjected to all the loads from the main 

rotor. 

The nodalized beam installation structure has an obvious effect on the vibration reduction and 

could be used for MGB with large height/diameter ratio and the MGB with the modular main rotor 

shaft. 

Development of Components 

Gears. In addition to the conventional involute gear, the gears with the non-involute profile and 

high contact ratio have been developed. The latter could run smoothly with higher loads capacity 

and lower noise level. The spiral bevel gear train with transverse contact ratio of more than 2 has 

also been developed
 [11]

. 
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Compared to conventional "passive design", the "active design" for spiral bevel gear has been 

developed based on tooth contact analysis (TCA) and loaded tooth contact analysis (LTCA). In the 

past, because the tooth surface could not be precisely designed, only the static contact pattern could 

be examined during manufacturing, while the final satisfactory loaded contact pattern was acquired 

by repeatedly modifying machining parameters and shimming. Now, spiral bevel gear topograghy 

could be designed considering the structural deformation under the loads, and the best contact 

pattern under practical operation conditions could be obtained with less modification of the 

machining parameters and without shimming. 

The best merit of face gear drive (Fig. 15) 
[12]

 is that the axial position error of the pinion has no 

influence on meshing performance, and the errors of other directions have little influence. Since the 

pinion is a spur gear without axial force applied on it, the supporting structure could be much 

simplified with reduction of weight. However, the tooth width determination, tooth strength 

calculation formula and tooth grinding method have become hotspots in the research of face gear 

drive because of the tooth undercutting at the inner radius, the tooth pointing at the outer radius and 

the inconstant top land width 
[13]

. 

 

Fig.15 Face gear drive 

In the last decades in addition to the improvement of the conventional simple planetary gear train 

(Fig 16(a)), the study has been carried out on a variety of the other types of planetary gear train 
[14, 

15]
 such as high contact ratio planetary (Fig 16(b)) and bearingless planetary gear train 

[1,9,14]
 

(Fig.16(c)). The bearingless planetary gear train characterized with light weight, high reliability and 

coaxial output 
[1]

 is the most potential one for small and medium size power transmission systems in 

the future. However, there are still some technical issues like layout optimization and dynamic 

design to be solved.  

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Fig.16 Configurations of planetary gear trains 

 

 

 

 

(a) Conventional single-stage planetary gear train  

(c) Bearingless planetary gear train 

Ring gear

Sun gear

Planet gear

Planet arrier

(b) Planetary gear train with high contact ratio 

Applied Mechanics and Materials Vol. 86 9



Shaft. There are several types of rotor shafts. Such as the modular rotor shaft, MGB integrated 

rotor shaft and “rotational shaft and static mast”. 

As explained above the modular rotor shaft is a separate unit shown in Fig.17 for SA330 "Puma" 
[15]

. This structure is convenient for assembly and disassembly.  

MGB integrated shaft (Fig 18) is usually used in the medium and large size helicopters such as 

that of SA321 "Super Frelon". 

 

                

     Fig.17 Modular shaft in SA330      Fig. 18 MGB integrated shaft in SA321 

For “the rotational shaft and static mast” configuration (Fig.19), the static mast is made to carry 

all the main rotor lift and horizontal force while the rotational shaft (torque shaft) only transmits the 

torque. The name “static mast” is derived from the fact that in the steady flight the horizontal rotor 

force acts as a static bending load on the mast instead of a cyclic load on the rotational shaft, which 

is beneficial for the fatigue life of the shaft 
[16]

. Conic roller bearings or radial thrust ball bearings 

could be applied between the two components.  

 
Fig.19 Example for rotational shaft and static mast 

Using supercritical shafts (Fig.20) with light weight and simple structure has become a tendency 

in the tail drive shaft design. Magnetic suspension bearings and damping supporter would replace 

the conventional roller bearings and mechanical couplers 
[17]

. Dynamic design for this kind of shafts 

is very important. 

 
(a) Subcritical shafts                 (b)  supercritical shafts 

Fig.20 Subcritical and supercritical tail drive shafts  

Over-running clutch. There are several types of over-running clutches, such as ramp roller (Fig 

21(a)), sprag(Fig 21(b))
[6]

 and spring clutches(Fig 21(c)).  

Ramp roller clutches have been applied in MGB of the speed up to 15000 r/min and the speed 

for sprag clutch is even more than that. 

Guide barrel 

Conic roller bear  

Rotor shaft 

Bearing housing 

Rotor shaft 

Filler material 
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(a) Ramp roller clutch            (b) Sprag clutch           (c) Spring clutch 

Fig.21 Sketches of over-running clutches  

High speed spring clutch has become one of the features of new generation MGB, whose 

components are fewer than half of the sprag clutches’. High speed spring clutch with lighter weight 

and higher reliability could be used at the speed more than 20000r/min. However, due to the severe 

operation condition of its spring, the requirement for the spring is strict and the manufacturing is 

very difficult. 

Bearings. There is a variety of the types of bearings used in power transmission system such as 

ball bearings, cylindrical roller bearings, conical roller bearings, spherical roller bearings (for planet 

gear), etc. 

For high speed input stage of MGB, high speed conical roller bearings have been used and could 

be substituted for conventional ball bearings (sees Fig. 22). It is reported that in an application with 

this kind of bearings, the radial stiffness of the bearings is increased by 4 times and the friction loss 

decreased by 20%
 [12,15]

. However, the issues such as dynamics and loss-of-lubrication capacity at 

the high speed over 20000r/min, need to be considered more carefully. 

 
Fig. 22 Conical roller bearing taking the place of ball bearing  

The angular contact porcelain ball bearings have been used, which could be substituted for the 

currently used ball/roller bearings. Its operating life is improved by 4～6 times compared with the 

steel ones
[12,15]

, and its loss-of-lubrication capacity is better than that of the steel ball bearings. The 

properties of porcelain rolling elements mainly depend on the composition of material, process of 

hot sintering and machining precision. 

Lubrication system. MGB is lubricated by oil ejection as shown in Fig 23, while IGB and TGB 

by splash  

 

Fig.23 Sketch of oil system of MGB 

Presently, multiple nozzle jets lubrication (Fig 24), grease lubrication, under-race injection (Fig 

25) and centrifugal injection have been used. 
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Fig.24 Multiple nozzle jet                Fig.25 Sketch of under-race, injection    

Oil filtration precision has been improved and reached 10µm for some applications resulting in 

the improvement of the friction conditions of the rotating parts including gears and bearings. 

Development of Design and Analysis Technology 

Integrated structural design. In conventional design of power transmission system, gear, shaft 

and bearings are designed as separate parts, which are connected by splines, bolts and nuts (Fig.26). 

Now the integrated design technique for those parts has been developed (Fig 27 and Fig 28), 

decreasing connections and number of parts and improving reliability, which is one of the main 

technical characters for the third and forth generations of the power transmission system. 

 spline 
 

shafts 

gears 

 

 spline 
 

shafts 

gears 

 

 spline 
 

shafts 

gears 

 

 spline 
 

shafts 

gears 

 

 
Fig. 26 Connection of gear and shaft by splines, bolts and nuts 

  
Fig.27 Integrated structure of bevel gear, bearing inner race and shaft  

 
Fig.28 Welded double gears 

The bearing with a flange is another example of the integrated structural design, which has been 

widely used in recent years (Fig.29). 

The integrated design (Fig.30) of main rotor hub and rotor shaft, tail rotor hub and tail rotor shaft 

is also a successful application.  
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Fig.29 Bearing with flange         Fig. 30 Integrating of tail rotor shaft and hub 

Strength and life analysis. In the previous design of the power transmission system, the “static” 

or “static + dynamics” strength analysis was used, but now “static + dynamics +fatigue” strength 

analysis has been adopted. The FEM based structure analysis technique (Fig.31) and the 

multidisciplinary design optimization have been developed, which are replacing the conventional 

method. The damage tolerance design technique based on the test substantiation has been 

established and applied in the power transmission system development. 

           

Fig.31 Finite element meshes for casing and shaft 

The development history of the strength analysis methods and the corresponding required 

material property data are shown in Table 3.                                

Table 3  Strength analysis method and its required typical material property data 

Time Method of strength analysis Typical material property data 

Before 

1960’s  
Static strength evaluation E, µ , ρ ,δ , ϕ，σb , σY 

1960’s Safe life and vibration analysis S-N curve  

1970’s 
Strain fatigue theory, limited life 

design 
N−ε Curve  

1980’s 
Fracture mechanics theory, damage 

tolerance design 
Fracture property

c
K1 , dNd /α , 

th
K∆   

1990’s 
Reliability design, probability life 

design 
-3σ  data, flaw feature and distribution  

As to the dynamics design technique, the power transmission system was separately analyzed in 

the past, and now the integrated analysis technique has been developed, taking into account the 

engines, the rotor of helicopter and the power transmission system as a whole. For example, the 

tortional vibration characteristic analyses considering the coupling of engine, rotor and power 

transmission system have already been carried out for several engineering applications. 

Vibration control and noise reduction. In addition to the development of the components 

effectively reducing the MGB vibration such as the high contact ratio gears, intensive researches on 

the passive and active vibration control have been carried out in MGB and TDS installation design. 

The above mentioned nodaliar beam installation structure is a example for the vibration isolation 

(Fig.32) [18]. Besides, the active vibration control technique using electric and magnetic measures 

is also a hotspot of research.  
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Fig. 32 Isolation by “Nodalized” beam 

In addition, noise analysis technique of the transmission systems has also been investigated. The 

response characteristic of gearbox casings and gear shafts could be analyzed and their structure 

frequency could be adjusted by finite element method to reduce the vibration and noise level 
[19]

. 

Condition monitoring and failure diagnosis. Presently, most of helicopter power transmission 

systems mainly adopt the preventive maintenance strategy, i.e. periodic overhaul at workshop. The 

operation condition is monitored only by magnetic chips detecting and oil temperature indicating in 

flight.  Nowadays, the condition monitoring and failure diagnosis system of power transmission 

system have been studied, emphasizing on the vibration behavior. The advanced technology of 

signal acquisition and process, such as signal wireless transmission, neural network and wavelet 

analysis, has been applied. And it will become possible to apply condition monitoring for the power 

transmission system in the foreseen future.  

Development of Material and Process Technology 

Gear, bearing and shaft material. Gear steel used in the power transmission system has been 

developed with the high property characterized by high purity, ultra-high case hardness, high core 

toughness and high application temperature. The steel is developed in three generations. The first 

generation is the low alloy case hardened steel (e.g. AISI 9310) working at about 150℃. The 

second generation (e.g. M50NiL) could be used satisfactorily at 350℃ [20]. The third generation 

steel could be used at even higher temperature. For instance, the hardness of CSS-42L, a stainless 

steel of the third generation used in the newly developed power transmission system, could reach 

HRC68 at room temperature, keep HRC62 at 430℃ and retain HRC58 at 535℃. The tensile 

strength and the yield strength of steel CSS-42L reach much high level up to 1764MPa and 

1200MPa respectively, while they are only 1230MPa and 1015MPa for AISI 9310.  
Casing material. The use of the composite materials in the casings has been started, and for 

example, the MGB main casings of composite material have been used in RAH-66 Comache and 

CH53 development type helicopters 
[14, 20]

. However, the aluminum alloy (such as A357.0, 7075) 

and magnesium alloy (such as ZE41A, WE43) are still used dominantly. Composite material 

application in the casings will be a key feature of the next generation of power transmission system. 

Tail drive shafts material. At present most of the tail drive shafts are made from conventional 

aluminum alloy (2024, 7475 and 7075) or titanium alloy (Ti6Al4V). However, it is reported that the 

composite materials such as carbon fiber composite materials have already been adopted [14,20]. 

The application of the composite materials in the tail drive shaft is also a key feature of the new 

generation transmission system. 

Process technology. The gear steel melting technologies, e.g. air melting, vacuum degasification 

melting, vacuum induction melting(VIM), vacuum arc remelting (VAR) with consumable electrode, 

electroslag remelting and VIM+VAR, have been developed and applied successively. Of them, the 

high-purity VIM+ VAR has been commonly applied for the steels of the high-speed heavy-loaded 

gears and rotor shafts of the power transmission system.  
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The precise forging will replace the ordinary forging gradually. With the precise forging, an 

entire gear could be directly formed, thus the machining workload and cost are significantly 

reduced and the bending fatigue strength of the gears is increased as well.  

The advanced case hardening technology of the bearings and gears, such as vacuum 

carburization, ionic nitriding and deep nitriding, are widely used improving the life and reducing the 

maintenance cost of power transmission system. 

Deep-nitriding has its outstanding advantages, such as the deep hardening layer, high case 

hardness, stable metallographic structure of the layer at high temperature and small deformation 

during nitriding. The last one permits the grinding operation to be performed directly after the 

nitriding. Therefore the technology has been successfully applied in the power transmission system, 

especially for its integrated components consisted of gears, shafts and bearings. 

Power Transmission Technique of High Speed Helicopter 

Along with the development of conventional helicopter, the high speed helicopter is being paid 

much more attention to by all of the world. There are two types of high speed helicopters, tilt-rotor 

aircraft and conventional helicopter with additional propellers. 

The tiltorotor aircraft is a new concept aircraft, which takes off and lands vertically, and hovers 

like a helicopter. It draws people’s attention due to its high flight speed of several times of that of 

the conventional helicopter. The V-22 tiltorotor aircraft went into service in 2009 (Fig. 33).  

The power transmission system of tiltorotor aircraft is composed of proprotor gearbox, tilt-axis 

gearbox, midwing gearbox and shafting system(Fig.34). The proprotor gearbox and tilt-axis 

gearbox(Fig.35)are mounted in a rotatable nacelle of the tiltorotor aircraft together with the engine. 

The tilt-axis gearbox is of a spiral bevel gear drive. The spiral bevel pinion could pivot on the gear 

axis and rotates around the axis of itself.  

          

 

Fixed wing

Engine nacelle

Midwing 
gearbox

Power transmission system

Tubo-shaft engine

Proprotor     and 
tilt-axis gearbox

Wing drive 
Shafts 

 
Fig. 33 V-22 tilt-rotor helicopter      Fig. 34 The power transmission system of V-22 

 

Fig.35 The proprotor and tilt-axis gearbox 

The wing drive shafts of power transmission system of tilt-rotor aircraft are rather long. For 

example, another tilt-rotor aircraft BA609’s is 13 meters long. In the event of an engine failure or 

one engine inoperative (OEI), the wing drive shafts transmit power to the gearboxes in the failed 

engine nacelle to drive the rotor and accessories. In comparison with the tail driving shaft of 

single-rotor helicopter, the power transmitted by the wing drive shafts is larger and its rotating 

speed is higher
 [21]

. Therefore dynamic design for shafts is one of the key aspects for the power 

transmission system.  
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The high-speed helicopter X3 developed by Eurocopter uses two turboshaft engines to drive the 

main rotor and a pair of forward propellers on the sub-wings (Fig.36). To distribute proportionally 

engine power to the main rotor and propellers, a new power transmission configuration is needed 

for the high-speed helicopter. It is more difficult to meet the requirements of weight, life and 

reliability for the power transmission system due to larger dynamic loads with high speed and 

maneuverability. 

 

Figure 36 X3 high-speed helicopter of European Helicopter 

Conclusion 

The development of helicopter power transmission system shows that high comprehensive 

performance and low life cycle cost have become the key requirements in design to adapt to the 

progress of helicopters and engines technique. This results in the development of variety of the 

drive train, transmission configuration, structural design and analysis, as well as the application of 

new materials and process technology. Among these developments, the split-torque gear train and 

the new planetary gear train draw more and more concerns, since they have fewer parts, lighter 

weight and higher reliability as compared with the conventional design. What’s more, the power 

transmission system used for high speed helicopter appears as a new-comer in the family of 

helicopter transmission systems. All of these attract us, the professionals, no matter professors or 

engineers we are in this field, to accelerate the development of the power transmission system 

technology together.  
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Abstract. Most transmissions for wind turbines are set up by multiple consecutively arranged 

planetary gear sets and/or normal gear sets. Therefore these transmissions have a constant ratio. In 

order to feed the electricity produced by the wind turbines into the grid, an electric conversion to a 

constant frequency of 50 Hz is necessary. FZG developed a new concept for transmissions of wind 

turbines based on a planetary gear. By superposition of a small electric engine the transmission ratio is 

continuously variable. This makes an electric conversion unnecessary and thereby increases the 

efficiency of the wind turbine. 

Introduction 

The use of wind for energy production has a long history. In Europe since more than 800 years the 

wind energy will be used for production of mechanical energy. The first use of wind power will be 

used directly for mills, saws and waterpumps. Beginning of the 18th century first experiments for 

generating electric power are known. But these experiments have not brought the brake-through for 

the wind power. In the beginning 8th decade of the 20th century a revival of wind power began. The 

world wide discussion about energy-waste and the forecast of ending of oil reserves in the world and 

the accompanying discussion about the CO2-emission and climate changes (increase of average 

temperature of the world) started the development of regenerative energy production more and more. 

The use the water power was one solution for generating electric power without increase of the 

CO2-emissions. Extreme big water energy-production started with the Yangste-dam in China and the 

Iquacu-dam in South America. In Germany the wind power becomes an acceptable part of electric 

energy production. In 2009 more than 7% of German electric energy consumption is produced with 

wind turbines. Main reason is caused by the politics which installed a new law that the grid owner has 

to buy the electric power from wind turbines to a high price above the market price. The consumer has 

to pay for it. Though an indirect subvention of wind power (and other regenerative energy production 

like photo voltaic) is installed in Germany. Subvention for photo voltaic has reached a value of more 

than 2 billion € per year!!! This subvention of regenerative energy leads to the very high installed 

wind power in Germany. 

And how is the situation in wind turbine market worldwide? In Europe the increase of installing 

wind power has stopped through the financial crisis in 2009 and beginning 2010. The banks have 

stopped the financing especially for wind parks in the sea. Different is the situation in China and 

India. Their national industry has to fulfil the big demand for wind turbines. 
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Hydropower Wind energy Biomass Percentage of renewable energy

in gross electricity generation
Photovoltaics

 

Fig. 1 Electric Energy out of regenerative energy sources [1] 

State of the Art 

The next figures show the state of art of wind turbines. Two 

technical solutions are in the market. With and without 

transmissions. In the market till 1MW the multipol low speed 

generators without transmissions have a market share up to 20%. 

As higher the power per unit (for offshore > 5 MW is planned) as 

lower is the speed of the rotor shaft and the need for transmissions 

is absolutely necessary regarding the weight of the gondola. As 

higher the speed of the generator as lower is the weight [2]. 

Though 

trans-mission 

ratio up to I = 

100 is normal 

for wind 

power > 2 

MW. Fig. 2 shows the principle of Hansen for up 

to 5 MW. One planetary set after the rotor and two 

normal gear sets for increasing speed up to 100 

times rotor speed. The generator shaft is parallel to 

the rotor shaft. Same principle you can see by 

Winergy Fig. 3. Rotor is connected to the carrier of 

the planetary gear set, the sun is connected to the 

output shaft and the ring gear is fixed to the 

housing. With this principle you have the highest 

ratio in a planetary gear set. ZF will start with a similar design with Vestas in 2012. 
 

 

 

 

Fig. 2 Hansen 

 

Fig. 3  Winergy 

www.hansentransmissions.com 
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Fig. 4 shows the design of Renk. They have designed a double planet with a higher ration between 

ring gear (connected to the rotor = inputshaft) and sun. They offer this principle as Multibrid for a 

medium speed generator (about 200 min-1) with higher pole numbers and additional with another 

normal gear set for total ratios of about i=100. 
 

Fig. 4  Renk Multibrid 
 

Fig. 5 shows the principle from 

Bosch-Rexroth. They have a power split 

for the rotor power to two coupled 

planetary sets. The torque is divided to 

two planetary gear sets though the 

diameter of the ring gear are smaller for 

the same power compared to the 

principles of Hansen or Winergy. But the 

design is more complicated. More parts 

give more risks, a problem for guaranty 

wishes for a safe run for 20 years.  

 

 

 

 

 

Future Trends 

Voith windrive. Caused by the actual financial and guaranty problems the European wind turbine 

firms are not intensively engaged in research and in developing the next generation of wind turbines. 

Only Voith as a newcomer introduces a new concept, the windrive in 2008. Fig. 6 shows the principle 

with a CVT, a hydrodynamic converter (Voith is the worldwide known specialist for such couplings 

and torque converter). This CVT combined with two planetary gear sets they offer a really new 

concept. The generator is a synchronous generator which acts with constant speed. Though the 

electric power is produced with a constant frequency of 50Hz and gives the power direct to the grid 

 

Fig. 5 Bosch Rexroth Redulus 

Schnittbild 
Multibrid-
AnlageP = 5590 kW

n
1 = 14,8 1/min 
T
1 = 3607 kNm

i = 9,93
n
2 = 147 1/min 

 

www.boschrexroth.com 
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without electric conversion as it is normal for all existing wind turbines with a fixed ratio. The rotor 

produces mechanical energy by different rotor speed between 12 and 16 min-1. If you have fixed ratio 

the generator turns between 1200 and 1600 min-1 for a 2,5MW example. Fig. 7  

shows a measured load spectrum of such a 

wind turbine. It is different from the 

aerodynamic potential curve for a given 

rotor. The dynamic potential for such a 

wind turbine shows Fig. 8. With a pitch- 

control the maximum power is only 

possible by a windspeed > 15m/s. With the 

Voith windrive the generator turns with 

1500 min-1 for given rotor speed between 

12 and 16 min-1. The disadvantage in gear 

box efficiency could be overtaken through 

the better total efficiency. For established 

systems the overall efficiency is. 

 

 ηges  =  ηtransmission · ηGen · ηel        (1) 

and for the Voith Windrive: 

 ηGes  = ηtransmission · ηGen        (2) 

 

Rotor Speed nR [min
-1]
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o
w
e
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P
R
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W
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Fig. 7 Measured load spectrum 

 

 

Fig. 6 Voith Windrive 

www.voithturbo.com 
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Fig. 8 Dynamic potential 

 

Details of the efficiency for all components are kept very secret and confidential from the firms, 

therefore a detailed comparison is not possible. But let give an approximation and an example: 

a) conventional system: 

Transmission    ηtransmission = 0.96 

Asynchron Generator  ηGen = 0.95 

Electric conversion  ηEl = 0.94 

With Eq. 1   ηGes = 0.857 

b) Voith windrive: 

Transmission   ηtransmission = 0.93 

Synchronous Generator  ηGen = 0.96 

With Eq. 2   ηGes = 0.893 

 

That means this system has a better efficiency and a better energy production factor which can be 

calculated in € or $ or Rupie or Yen or….. 

FZG-Concept. Engaged through the Voith idea and an old Siemens patent application of 1992 [3], 

FZG designed a new planetary gear set with a superposition of a small electric power to synchronous 

generator with constant speed for a rotor range speed between 12 an 16 min -1 (Fig. 7). The targets for 

the future wind turbines are defined in Fig. 9. Fig. 10 shows the wind turbine drive train for such a 

constant generator speed. That means for such superposition a normal planetary gear set is used. If the 

electric engine runs as a motor you have a power addition in the planetary gear. Rotor power PR and 

PEM drive the generator PG and the electric power for the motor M comes from the generator.  

Only PG - PM goes to the grid. If the electric 

motor runs as a generator you have power split 

in the planetary gear box and both electric 

engines PM and PG give their power to the grid. 

The task for FZG was to find out, what power 

size of PM is necessary for a wind turbine of PG 

= 1,5 MW (only as example, without problems 

scalable) and the given load spectrum, see 

Fig. 7. For characteristic curve A out of 

calculated power-windspeed-diagram and in 

Fig. 8 for the given measured load spectrum for 

a wind turbine. For this calculation the Willis - equation and the derived formulas from Mueller [4] 

are used. Especially for the measured load spectrums you can see, that below of rotor speed n = 10 

min–1 no electric power will be produced and for example nRot = 12 min-1 only 15 % of the maximum 

Targets:

• Transformation of the wind speed dependend rotor speed in

a constant generator speed of 1500 min-1

• Application of cost-saving synchronous generators

• Easy drive train concept

• Less power electronics
 

Fig. 9  Targets 
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(and given) power of the wind turbine (here 1,5 MW) will be produced. Fig. 11 shows the difference 

of the new concept and common basic concept once more. The result of these calculations done with 

Mueller formulas shown Fig. 12. The electric demand for motor power PEM is for characteristic A PE 

= 242 KW and for characteristic B only PEM 100 = KW. Fig. 13 show the power ratio between PEM and 

PRotor You see that the power ratio is still increasing when rotor speed decreases. The absolute value is 

decreasing (see Fig. 12) which the rotor power decreases very much. If you use the motor PE as 

generator (power split) and motor (power addition) the maximum power of that unit decreases to PE = 

84 KW – Fig. 14.That means for the additional installed power of PEM only 7 % of the maximum 

power of the rotor is necessary. This engine has to run as motor and generator and needs adequate 

power electronics. For such dimension - 84 KW against 1,5 MW by normal wind turbines - the power 

electronics is much cheaper. The synchronous generator delivers the electric power direct to the grid. 

How can be the design of such a concept. FZG made two examples.  
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Fig. 12 Required electric power 
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Fig. 13 Power ratio 
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Fig. 14 Power of superposition motor 

 

First we use a first planetary gear set for increasing speed like in the principle of Hansen, Winergy, 

Eikhoff or other, Fig. 15.The two normal gear stages are exchanged from a so called “plus-planetary 

gear set”[4] which has a high gear ratio, when you fix one ring gear. This fixed ring gear of the 

“plus-planetary set” is connected to the motor PEM and works as motor for rotor speed lower than nRot 

= 15,5 min-1 and as generator between nRot.= 15,5 min-1 till 16,5 min-1 (Fig. 14).  
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Fig. 15: Wind turbine drive train (1st example)  Fig. 16: Wind turbine drive train (2nd example) 
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Second example shows Fig. 16. Here the 

“plus-planetary gear” (no. I) is used as a first step with 

speed increase of about i = 25 and a normal 

“minus-planetary set” (no. II) is used for superposition 

of PEM. The advantage is the lower torque in the ring 

gear of II (Fig. 16) the disadvantage is the lower 

efficiency of the “plus-planetary gear set” used by high 

tooth power in the “plus-planetary gear set”. These 

disadvantages can be reduced dramatically to the low 

loss tooth geometry which is developed from FZG with 

several research projects since 2003. Fig. 17 shows the 

comparison with normal tooth geometry. The plus gear 

box has an efficiency of η = 0,89 for the speed 

increaser of i = 25 and with low loss geometry from 

FZG η = 0,96. This value is necessary that the total efficiency will become higher than normal design 

(see Eq. 2). If you calculate the total efficiency like the example (see Eq. 1 and Eq. 2), you will get 

 

  ηG = 0.95  plus + minus planetary gear set  

     of Fig. 16 inclusive bearing losses 

  ηSyn=0.96 

  ηges =0.91  much better than  

     ηges normal = 0.866 

Summary 

The FZG-concept shows the possibility with an electric superposition for a rotor speed of about 12 – 

16 min-1 a constant generator speed of 1500 min-1. The superposition power is only 7 % of the rotor 

power. A cheap power electronic can be used. The overall efficiency of such a concept can be higher 

than normal conventional wind turbine with a transmission with a fixed ratio. The FZG will become 

the partner for future wind turbine concepts for concept design and total calculation for gears and 

bearings. 
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Abstract. This study presents a numerical model of helical gears to consider the effects of shaft and 

bearing flexibility. A primary feature of this study is that the time-varying mesh stiffness is not just 

determined by the geometry of gear pair but also updated for each iteration according to the change of 

center distance. The effects of shaft and bearing flexibilities are discussed by comparing the dynamic 

response of gear pairs supported with a rigid and a flexible bearing-shaft system. The results show 

that the pressure angle and contact ratio are significantly changed due to the center-distance variation 

of gears and the gear pair with a flexible bearing-shaft system has much larger vibration. Finally, 

experimental tests are conducted to validate the proposed model. The predicted results show good 

agreement with the experimental data.  

Introduction 

Helical gears, which provide stronger, smoother running gear trains than spur gears, are widely used 

for high speed, high power mechanical systems, such as car automobiles, machine tools and 

airplanes. To date, the reduction of gear vibration and noise are still the paramount concern in the 

design of transmission system, especially for the applications with high speeds and high torques. In 

most of previous researches, the pressure angle and the contact ratio were considered to be constant in 

calculations. However, in fact, the pressure angle and contact ratio are directly associated with 

operating conditions and the flexibility of shafts and bearings. They are normally time-varying values 

due to the deformation of shaft and bearings. Research works of Kahraman [1] and Kim et al. [2] 

discussed the effects of the shaft and bearing flexibilities. The pressure angle and the contact ratio 

both depend on the translational motion of gears. And they showed the bearing deformation has a 

significant effect on the vibration of the gear set.  

The primary objective of this study is to investigate the effects of distance change between the 

centers of gear pairs, which are caused by the deformations of shafts and bearings. A model with six 

degrees of freedom (DOF) is used to predict the dynamic behavior of a helical gear pair with the 

pressure angle and the contact ratio updated at each iteration. Experimental data from a test rig is used 

to validate the calculation procedure. Factors, which may change the center distance between the gear 

and the pinion, such as torque and bearing stiffness, are discussed to show the effects of the variation 

of center distance on gear dynamic behavior.   

Description of the Model 

Modeling of Time-varying Mesh Stiffness. Webber [3] developed a mathematical model to 
calculate the bending deflection of teeth by considering gear teeth as a non-uniform cantilever beam, 
which has been proved by many other researchers with experimental data [4]. Similar strategy will be 
adopted in this study to simulate the tooth flexibility. A gear is treated as a flexible disk and a series of 
beams with a variable cross-section which are fixed on the disk. Therefore, the tooth deflection due to 
gear mesh can be decomposed into three components: beading and shear deformation of teeth, 
flexible disk rotation and contact deformation between the mating flanks. As shown in Fig. 1, each 

part is represented as an equivalent spring. Note that only  and  are changed with the variation 
of the pressure angle.  

Applied Mechanics and Materials Vol. 86 (2011) pp 26-29
© (2011) Trans Tech Publications, Switzerland
doi:10.4028/www.scientific.net/AMM.86.26



 

   

Fig. 1 Calculation of gear mesh stiffness                      Fig. 2 Six DOF helical gear dynamic model 

 

Mathematical Model of a Helical Gear Pair. A mathematical model of geared rotor-bearing 

systems with six degree-of-freedom (DOF), including rotational motions and translation motions, is 

considered in this study. A 6 DOF model, which needs less computational efforts, has been reported 

to be sufficiently accurate compared to full 12 DOF model [5]. The coordinate system is constructed 

as depicted in Fig. 2. The horizontal and vertical axes are defined along the directions of 

line-of-action (LOA) and off-line-of-action (OLOA) respectively. The rotational vibrations of gear 

pairs are described using rotational coordinates, .  

Helical gears are similar to spur gears except that the teeth are shifted an angle to the axis. 

Therefore, helical gears can be considered a refinement over spur gears. In this study, a helical gear is 

treated as a combination of a pack of narrow spur gears which have the same geometry factor as the 

helical gear in the normal plane. The meshing forces of helical gears are calculated with an integral of 

mesh forces each slice along gear width, which are determined by the mesh stiffness and deflections 

of the corresponding spur gear. Hence, the total mesh forces and the moment of one tooth (contact 

line AB) are obtained by integrating the forces of each spur gear.  

Effects of Center Distance. Due to the variation of center distance between the driving gear and 

the driven gear, both the pressure angle and contact ratio of the helical gear pairs will change as the 

gears rotate. This study extended the model presented in ref. [5] to include the variation of the 

pressure angle and contact ratio due to the motions of shaft centers.  

Rotor-bearing System. Besides the gear mesh which is considered as a spring with periodically 

varying stiffness, all other flexible components are modeled as linear springs, as shown in Fig.2. 

Equivalent stiffness and damping coefficients are used to simulate the flexibility of the shafts and 

bearings. The mesh forces are periodically varying due to the change in the number of teeth in contact 

as the gears rotate.  

Problem Formulation 

Misalignment Errors. In practical operation of a gear system, the occurrence probability of 

misalignment errors is very high, which may consist of three components, a shaft distance error and 

two shaft angle errors in or perpendicular to the surface of shaft centerlines. Since this study focuses 

on the variation of center distance of gear set, only two parameters are considered the error of shaft 

distance, denoted as , and the error of shaft angle in shaft center surface, denoted as .  

Tooth Profile Modification. Lengthwise crowning and profile crowning (convex profile) with 

parabolic variations are one of the main methods used for tooth modifications. This study aims to 

investigate the effect of this two profile modification on gear dynamics when the change of shaft 

center is considered.  
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Validation with Experimental Data 

To validate the proposed model, dynamic behavior of the helical gear pairs is measured using the 

experimental apparatus as shown in Fig. 3. The gear system consists of a pinion shaft and a helical 

gear pair mounted on flexible shaft which supported by a gearbox via four rolling element bearings. 

An eddy current dynamometer is connected to the output shaft as a load. To measure the vibration of 

the gear, two accelerometers were amounted to the driven gear at two sides of the shaft.   

 
 

The predicted rotational vibration of the driven gear in frequency domain are compared with 

experimental data, as shown in Fig. 4. As we can be observed, both the experimental and analytical 

results show that magnitudes of the first two mesh harmonics are most dominate. In some extent, the 

results from the proposed model give good agreement with the experimental results, although they are 

noted a litter larger. The distinction might be caused by the gearbox, which was not considered in this 

analysis model. 

Calculation Results and Discussions 

     
Fig. 5 Mesh forces along LOA and OLOA directions                 Fig. 6 Pressure angle for different torques 

 

The mesh forces along LOA and OLOA directions of a gear set with constant and time-dependent 

pressure angle and contact ratio are plotted in Fig. 5. It is important to note that the mesh forces along 

both two directions have a small decrease if the variations of pressure angle and contact ratio are 

considered. The reason is that the pressure angle, which because larger if the rise of the center 

distance is accounted, will decrease the mesh stiffness of the gear pair. Figure 6 shows the time 

response of the transverse pressure angle for different load torques of the gear pair. It is observed that 

 
Fig. 3 Schematic representation of the text rig 

 
a) 172 Nm, 1000 rpm 

 
b) 245 Nm, 1000 rpm 

Fig. 4 Experimental validation 
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the pressure angle increases with the rise in load 

torque. And after the gear reaches the stable 

state, the fluctuating margin of pressure angle is 

larger with a higher torque.  

To investigate the influence of shaft-bearing 

stiffness, dynamic responses of gears pairs supported by rigid and flexible shafts and bearings are 

compared in Fig. 7. And the corresponding mesh forces in LOA and OLOA directions are plotted in 

Fig. 8. It is clear that flexible bearing-shaft system results in a larger rotational vibration and the 

vibration magnitude increases as the shaft-bearing stiffness decreases from 2×10
6
N/m  to 2×10

7
N/m. 

As shown in Fig. 8, if the shaft-bearing stiffness decreases, the mesh force along LOA direction will 

have larger fluctuating margin and the mesh force along OLOA direction will have a significant 

decrease in magnitude. That is because that the mesh stiffness of the gear pair becomes smaller due to 

a larger center distance of the gear pair supported by softer shaft-bearing system. Therefore, the mesh 

force in OLOA direction decreases. However, the mesh force in LOA direction is determined by the 

torque and larger shaft deformation results in a larger vibration. 

Conclusion 

Since the shafts and the bearings are compliant, this study focuses on the variations of the pressure 

angle and the contact ratio due to the change of center distance between the gear pair. We presented a 

6 DOF model of helical gears to calculate the time-varying mesh stiffness by treating a helical gear as 

a combination of a pack of narrow spur gears. Experimental tests were conducted to validate the 

proposed model. The predictions show that the consideration of a time-dependent pressure angle and 

contact ratio is essential, since the dynamic response of a gear pair is significantly influenced by the 

variation of pressure angle and contact ratio. 
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Fig. 8 Mesh forces with flexible and rigid shafts 

 
Fig. 7 Dynamic responses with flexible and rigid shafts 
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Abstract. This work develops an analytical model of multi-stages planetary gear transmission (PGT) 

coupled with bearings in housing based on analyzing the displacement relationships of gearing system. 

The model adopts three planar degree-of-freedom for each of the central components, and the 

rotational degree-of-freedom for the planets of each stage. Considering the gyroscopic effects, the 

modified transverse-torsional model is established in the rotating Cartesian coordinates by 

lumped-parameter method, which is more accurate and may match with the physical model better 

than the purely torsional model. According to the design parameters of the 3-stage planetary gears of 

main reducer of shield tunnelling machine, the natural frequencies and vibration modes are 

investigated by using this transverse-torsional model. 

Introduction 

Shield tunnelling machine (STM) is the key equipment in the tunnelling project. The driving system 

of Earth Pressure Balance STM includes eight main reducers with three-stage PGT, which are used to 

drive the cutter head. To satisfy the requirements of large torque, low noise and high reliability, the 

dynamics of the PTG is a critical issue. The coupled vibration of multi-stage PGT will accelerate the 

damage of the gearbox. To get the correct results of the coupled vibration research as well as for 

dynamic design and structure optimization of the gearbox of the STM, the building of accurate model 

of multi-stage PGT is important.  

Planetary gears are widely used in many applications due to advantages compared with parallel 

shaft arrangements such as high power density, diminished bearing loads and large ratio in a small 

volume [1]. Despite these distinguishing advantages, the noise and vibration of planetary gears 

remain key concerns in their applications. Most of the published dynamic models of the planetary gear 

train were limited to single-stage planetary gear sets [2, 3, 4, 5, 6, 7], but multi-stage planetary gears 

often have more serious noise and vibration problems [8, 9]. Generally, in the literatures deal with 

multi-stage planetary gears, the pure torsional model is used because of their complex structure [10]. 

The dynamic response of gear train is the main source to excite the gearbox housing through bearings, 

therefore, this study aims at modeling the analytical model of three-stage planetary gears coupled with 

the bearings in housing, and then, analyzing  the natural characteristic according to the structural 

property and geometry parameters of main reducer in STM. 

Displacement Relationship of Components 

The analysis deals with planar vibration of single stage planetary gears. Each of the sun, ring, carrier 

and N planets, are treated as rigid bodies. Component bearing are modeled by linear springs. Gear 

mesh interations are represented by springs acting along the line of action. There are two classical 

lumped-parameter models for spur planetary gears, the purely torsional model and 
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transverse-torsional model. The purely torsional model includes N+3 DOF just considering the 

rotational degree of freedom of each component. In the transverse-torsional model, each component 

has three degree of freedom: two translations and one rotation.  

For the multi-stage planetary gears (three-stage for the SMT reducer), if the model use three degree 

of freedom to express each component, it is very difficult to analyze the dynamic properties because 

of the so many degree of freedom.  At the some time, the purely torsional model can’t agree with the 

physical model very well, it may be too simple to investigate coupling vibration of multi-stage 

planetary gearbox. So, here we choose to use the modified transverse-torsional model for the 

three-stage planetary gears, and the analytical model of planetary gears is shown in the Fig. 1. The 

model admits three planar degree-of-freedom for each of the central components, and the rotational 

degree-of-freedom for the planets of each stage. The model include the gyroscopic effects induced by 

carrier rotation, where the sun and carrier translations xi, yi (i=s,c) are measured with respect to a 

rotating coordinates fixed to the carrier. 

Figure 2 shows a sun-planet-ring mesh in the fixed coordinates oij and rotating coordinates oζη. 

The positions of sun and carrier can be described by vector form as rs= xsi+ ysj and rc= xci+ ycj. 

According to using coordinate revolution transformation, the accelerations of the central components 

are 2 2( 2 ) ( 2 )
s s c s c s s c s c s

x y x y x yω ω ω ω= − − + + −r i j�� �� � �� �  and 2( 2 )
c c c c c c

x y xω ω= − −r i�� �� �
2( 2 )

c c c c c
y x yω ω+ + − j�� � . 

 

                       
Fig.1 Lumped parameter model of PGT              Fig.2 A sun-planet-ring mesh 

Modeling and Equations of Motion 

For multi-stage PGT, the dynamic model can be developed based on the single-stage PGT lumped 

parameter model and considering the coupling relationships. The STM main reducer is composed of 

three-stage planetary gears as shown in Fig. 3. The coupled stages are modeled as rigid joint, and the 

coupling relationships of all components as shown in Fig.4. The following assumptions are made in 

developing the dynamic model of the three-stage PGT [2, 3]. 

1) The gear wheels and the nut carrier are assumed to be rigid bodies. 

2) The gear tooth flexibilities are modeled as linear gear mesh springs. 

3) Frictional forces arising from tooth sliding motions are considered to be negligible. 

4) Damping and clearance non-linearity are not considered. 

                 
    Fig. 3 Layout for three-stage PGT             Fig. 4 Coupling relationship of all components 
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According to the Newtonian mechanics principle, for three-stage PGT with fixed ring gears 

(Number of planets: 3, 4, 4), equations of motion are given as: 
2
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Where the superscriptⅠ, Ⅱand Ⅲ denote the Stage 1, Stage 2, Stage 3; Ii for i= s, p, c (s , p and c 

represent the sun, planet and carrier) are the moments of inertia, ri are base circle radii of the gears or 

radius of the carrier, and mp is the mass of a planet; uj for j= s, c ,1,…, N (N indicates the number of 

planets) are rotational deflections of bodies along the lines of action; xk ,yk (k=s, c) are sun and carrier 

translations; αs, αr are the sun-planet and ring-planet pressure angles; ksn, krn are the nth sun-planet and 

ring-planet mesh stiffnesses. ks, kc are the bearing stiffnesses of sun and carrier. δsn, δrn are the nth 

sun-planet and ring-planet relative displacement. ψn is the nth planet phase angle. 

Natural Frequencies and Vibration Modes 

In the three-stage PGT reducer, the sun gears are the input and the nut carriers thrusting the spindle are 

the output of each PGT unit. The ring gears are fixed, and the transverse motions of planets are not 

considered, therefore, the transverse-torsional dynamic model of the three-stage PGT includes 23 

DOF. It is not difficult to see that the differential equations of motion for system can be assembled in 

matrix form as  

ω b m ωMq + G q + (K + K - K )q = 0�� �                                                                                           (2)                     

Where M, Kb, Km and q are the positive definite mass matrix, diagonal bearing stiffness matrix, 

symmetric mesh stiffness matrix and generalized coordinate vector, respectively. Gω is gyroscopic 

matrix leaded by the Coriolis accelerations. Kω is diagonal centripetal stiffness matrix leaded by the 

centripetal accelerations. When the carrier speed is not large, the Gω and Kω are too small than others 

parameters matrix, which can be neglected. To determine the natural frequencies and vibration modes 

the time-invariant system is considered. All mesh stiffnesses are considered to be constant and equal 

to their average stiffness over one mesh cycle, and the bearing stiffnesses also use average stiffnesses 

to represent. The eigenvalue problem of (2) for the linear time-invariant case using average mesh 

stiffness is 
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2

i i iωb m(K + K )φ = Μφ                                                                                                                                    (3) 

Where bK  is mean bearing stiffness matrix, mK  is mean mesh stiffness matrix, ωi are the natural 

frequencies, φi are the associated vibration shape vector. The parameters of the three-stage PGT are 

listed in Table 1. By solving the free vibration eigenvalue problem, the natural frequencies are 

computed as shown in Table 2, and the associated mode shapes also can be obtained. 

 

Table 1 Parameters of the three-stage planetary train 

Parameter 
First stage               Second stage              Third stage 

Sun
Ⅰ   

Planet
Ⅰ  

Ring
Ⅰ   

Sun
Ⅱ   

Planet
Ⅱ  

Ring
Ⅱ   

Sun
Ⅲ   

Planet
Ⅲ  

Ring
Ⅲ 

Number of teeth 25       20       65         21       27        69        24       24        72 

Module(mm) 4                                 5                                 6 

Pressure angle(deg) 21.7                           21.3                             21.1 

Mesh stiff.(N/m) 3.8×10
8                               

5.4×10
8                                    

7×10
8
 

Bearing stiff.(N/m) 1×10
9                                                                                        

1×10
9
 

Table 2 Natural frequencies of gear train (f / Hz) 

Vibration modes Natural frequencies 

Rigid-body mode f1=0 

Planet mode f10= f11= f12=2288, f17= f18= f19=3653, f21= f22=4522 

Over all mode 
f2=f3=503, f4=f5=884, f6=937, f7=f8=1213, f9=1467, f13=2352,  f14=2622,  

f15=2642,  f16=2677,  f20=3653,  f23=5424 

 

For three-stage planetary gears with fixed rings, all modes can be classified into one of the three 

categories: (a) a rigid-body mode; (b) over all modes; (c) three group of planet modes (degenerate 

modes) [2, 3, 4] with multiplicity N-1(N indicates the number of planets ). 

Rigid-body mode: So long as the input and output members are not constrained, the stiffness 

matrix is semi-definite resulting in a “rigid body” mode at zero frequency. At this mode, all gears and 

carriers rotate as rigid bodies without any deflection according with the transmission ratio, and any 

body has no translational motion. 

Planet modes: At these modes, the central components have no motion; the planets of one stage 

are the only components that deflect, and the vector sum of the deflections of planets is zero. These 

are called planets modes. For the planet mode at 4522Hz, the vibration only exists in the first-stage. 

Similarly, that only exists in the second-stage at 3653Hz, and in the third-stage at 2288Hz.  

Over all modes: It is characterized by existence of single-stage or multi-stage coupling vibrations. 

In the vibration modes with 503 Hz、884 Hz and 1213Hz, each central component has two translation 

and no rotation; All planets have pure rotations. These modes can be called translational modes. The 

modes at 1467Hz, 2352Hz and 5424Hz, where all the members in contribution only on the rotational 

motion; and at 5424Hz, there only the first stage have rational motion. These modes can be called 

rotational modes. The modes at others frequencies have complicated coupling motion among each 

components of all stages in different direction. Fig. 4, 5 shows the translational mode with 503 Hz and 

rotational mode with 1467Hz. In the mode shapes figures, where the equilibrium positions of the PGT 

are shown as dashed and the displaced positions are shown as real lines. 

 
(a) Stage 1                (b) Stage 2                (c) Stage 3 

Fig. 4 Vibration mode of three-stage PGT at 503Hz 
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(a) Stage 1                (b) Stage 2                (c) Stage 3 

Fig. 5 Vibration mode of three-stage PGT at 1467Hz 

Conclusions  

The modified transverse-torsional model for the three-stage planetary gears coupled with bearings 

was developed by lumped parameter method. The natural frequencies and vibration modes are 

calculated by using this model with the mean value of the gear mesh stiffness and bearing stiffness. 

All vibration modes can be classified into three types: rigid-body mode, planet modes and over all 

modes. Rigid-body mode with zero frequency has non-deforming motion. planet modes with 

degenerate natural frequencies have rotational motions of the planets in one stage only and no motion 

of any central components. Over all modes can be subdivided into translational modes, rotational 

modes and complicated coupling modes. 

For the main reducer of shield tunnelling machine, the mesh frequency of high-speed stage is 

345Hz at the high speed operating condition with 1145rpm.  The first order natural frequency of the 

gears train is 503Hz; therefore, the multi-stage planetary gears have highly structured properties 

relative to the mesh frequency. It is rare for the gears train of main reducer being excited to lead 

sympathetic vibration under the operating condition. This modified model can be used to investigate 

the vibration transfer between gears train and housing through bearings. This work lays a foundation 

for lucubrating dynamic property and coupling vibration of the multi-stage planetary gearbox.  
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Abstract. Two three-dimensional lumped parameter dynamic models of spiral bevel gears are 

presented and compared. The first approach is classic and relies on a single averaged mesh stiffness 

element connecting the gears whereas a time-varying non-linear distribution of discrete stiffness 

elements over the potential contact area is used in the second model. 

Introduction 

Gear dynamic behaviour has long been recognised as a major concern because it can strongly impact 

transmission reliability and the noise level and quality [1]. The maximum dynamic forces on tooth 

contacts can be substantially higher than those predicted for quasi-static conditions thus leading to a 

reduction of the gear set durability. In this context, it is crucial to be able to predict the possible 

overloads on the teeth and the corresponding critical speeds. A large number of dynamic models have 

been presented in the literature but most of them deal with spur and helical gears [2] while those 

aimed at simulating hypoid or spiral bevel gears are comparatively sparse [3-5].  

In this paper, two dynamic models are presented which make it possible to estimate instantaneous 

displacements and mesh loads over a wide range of speeds. An original approach is proposed which 

relies on distributed mesh stiffness elements as opposed to the classic model with one single mesh 

stiffness connecting the two pinions of a pair. The major advantage of the distributed stiffness 

modelling is that instantaneous (or dynamic) contact force and pressure distributions can be 

estimated. However, for both models, the input data needed in terms of quasi-static stiffness and 

no-load transmission error are generated by the same numerical software ASLAN developed at 

LaMCoS – INSA Lyon. 

Static Model 

The quasi-static calculations comprise: a) the pinion geometry definition based on the simulation of 

the cutting process followed by the analysis of no-load kinematics and b) calculations under load. The 

two steps of the process are detailed below. 

Definition of the Pinion Geometry. The proposed methodology allows the geometrical definition 

of pinions cut by face-milling (Gleason), in the case of standard geometry [6]. For the sake of 

simplicity, only a limited number of machine motions are taken into account. The motion of 

generation is reduced to two motions in the machine framework: one rotation of the cradle and one 

rotation of the cut pinion which are linked by a constant ratio. Both tooth flanks are simultaneously 

cut. Mounting, position errors such as axial errors, offset and angular errors can be introduced when 

the pinion and the gear are assembled and their geometries are put in correspondence. 

Analysis under Load. The load sharing between the teeth in mesh is solved by combining the 

classic compatibility conditions in terms of displacements and the static mesh force balance which 

ultimately leads to contact pressure distributions, mesh stiffness and transmission errors under load. 

The displacement fields account for the global structural deflections of the two pinions (tooth 

bending, base rotation, etc.) and the local contact displacements via a matrix of influence coefficients. 

The structural deflections are derived from Finite Element Models [7] and the contact effects are 

characterised by using the theory of Boussinesq and Cerruti [8]. 
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At every point on the potential contact area, the normal contact problem is solved by using the 

following conditions: 
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where U1i and U2i are the normal displacements at point i for solids 1 and 2 respectively, eii is the 

initial normal separation at point i, α is the global normal approach (from which transmission error 

can be derived) and pi is the pressure at point i. The distance under load at point i between the two 

solids in contact is denoted yi. 

Having divided the contact area into a number N of rectangular surfaces centred at point i and area 

Si, the static equilibrium is formulated as: 

1

N

i i i
i

p R S Torque
=

=∑  (3)

  

where Ri is the lever arm associated with the surface controlled by point i and Torque is the external 

torque on the pinion. 

Dynamic Models 

Modelling Principles. Three-dimensional models have been set up which rely on 2-node finite 

elements with six degrees of freedom (DOF) per node (axial, bending and torsion displacements). The 

pinion and gear are assimilated to two rigid cones connected by a Wrinckler’s elastic foundation [9] 

(distributions of independent stiffness elements). Using the properties of infinitesimal displacement 

screws, the deflection at any potential point of contact is expressed in terms of the pinion-gear DOFs 

and the initial normal separation when the gears are unloaded [2]. The positions and the value of the 

stiffness elements are updated as the gears are rotating and the tooth profiles are moving. At every 

time-step, the mesh forces and moments on the pinion and the gear are calculated leading to a 

time-varying non-linear stiffness matrix and forcing term. The shafts are modelled by Timoshenko’s 

beam elements with secondary shear effects and the bearings are simulated as lumped stiffness 

elements derived from Palmgrem’s formulation. Finally, a constant input torque and input speed are 

imposed by the motor on the pinion shaft from which the resisting torque and output speed are 

deduced.  

Equitions of Motion. Considering a single mesh stiffness function (referred to as model 1), the 

mesh strain energy is determined by assuming that the time-varying mesh stiffness acts, in the normal 

direction, at the centroid of the contact interface between the pinion and the gear: 
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where j represents the mesh position, Bm is the time-varying centroid of the contact interface, 1 2n  = -n
� �

 

are unit normal vectors at the contacts (supposed to be the same at all points). 
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A distribution of stiffness elements in introduced in Model 2 so that mesh strain energy becomes: 
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 (5) 

where A represent the instantaneous contact area, i is the index of a potential contact point. 

It is to be noted that an additional forcing term F1 caused by tooth initial separations appears in the 

equations. In what follows, dissipations of all sorts are modelled via a global constant viscous 

damping matrix [C]. Rayleigh’s damping is considered so that [C] is a linear combination of the mass 

and averaged stiffness matrices. After assembly of all the elemental matrices, the equations of motion 

are determined from Lagrange’s equations and they are solved by using a time-step integration 

scheme combined with a unilateral normal contact algorithm. 

[ ] [ ] ( ) [ ] [ ] [ ]0 1 2,M q C q K t q q F F F+ + = − −  �� �  (6) 

Simulation Results 

Dynamic Forces and Dynamic Factors. Considering Model 1, one example of mesh force versus 

time evolution is represented in Fig. 1 for a pinion rotational speed of 17 200 rpm. The numerical 

transients who appear during the first mesh periods are due to the choice of initial conditions (static 

solution with averaged mesh stiffness matrix) which, depending on the speed regime, may be rather 

different from the actual displacements and speeds. However, it can be noticed that steady state 

conditions are reached very quickly. 

 
The previous results have been extended over a range of rotational speeds by calculating the 

dynamic factor defined as d sDF = max( F F ) , with Fd, Fs the dynamic and static mesh forces 

respectively. Models 1 and 2 have been used and the corresponding response curves are plotted in Fig. 

2. The two curves are in good agreement and exhibit both a major tooth critical speed around 17 000 

-18 000 rpm depending on the model along with several secondary critical speeds excited by the 

higher mesh frequency harmonics. However, it can be observed that the two different approaches are 

not exactly equivalent in terms of amplifications and critical speeds thus illustrating the drawbacks of 

the classic models with one equivalent time-varying mesh stiffness element. Significant dynamic 

effects are observed regardless of the model (DF between 1.5 and 1.6) highlighting the role of 

vibrations on gear durability. 
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Pressure Distributions. Using Model 2, the force distributions on tooth flanks can be estimated.  

Fig. 3 shows an example of comparison between the quasi-static results delivered by ASLAN and 

those given by the dynamic model at low speed (1 rpm here). The pressure patterns are in close 

agreement and show that the maximum pressure is obtained in the central part of the tooth flank. 

 
Fig. 3 : Quasi-static pressure distributions obtained by ASLAN (A) and the dynamic model 2 (B). 

Conclusions 

Two multi-DOF dynamic models of spiral bevel gears have been presented and compared which both 

rely on an accurate description of tooth geometry and mounting conditions. The models differ in that 

they rely on different mesh stiffness simulations. Model 1 is in the vein of the classic models usually 

found in the literature whereas Model 2 includes a more local description of the actual contact 

conditions. Whatever the model used, the dynamic response curves exhibit similar trends: i) 

significant mesh force amplifications at the major tooth critical speed and ii) secondary resonances 

generated by the higher order harmonics of the mesh stiffness functions. 
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Abstract. The generating of face gear with arcuate tooth has been proposed in this paper, and the 

meshing characteristics are investigated. Based on the concept of imaginary gear cutter, tooth 

surface equation has been derived, flank modification has also been considered. The transmission 

errors and bearing contacts of the face gear drive with arcuate tooth under different assembly 

conditions are investigated by applying the tooth contact analysis. The numerical results reveal that 

the bearing contacts are not sensitive to the errors of misalignments, and a more favorable type 

parabolic function of transmission errors with better symmetry and reduced amplitude may be 

obtained according to the modification of the face gear. 

Introduction 

A new type of face gear drive with arcuate tooth that has better meshing performance than the 

helical and spur involute face gear drives is studied in this paper[1,2]. The contents of the paper 

cover: 

(1) Concept of generation of face gears with arcuate tooth by imaginary gear cutter. 

(2) Simulation of meshing and contact for determination of transmission errors and shift of bearing 

contact. 

A Mathematical Model of Face Gear with Arcuate Tooth 

Fig.1 illustrates the generating mechanism for face gears with arcuate tooth. During the generation 

process, the cutter head rotate about its axis and conical surface is formed which can be regarded as 

a tooth of imaginary gear cutter. Besides, the cutter head perform circular motion and the 

manufacture of face gear can be simulated by considering the meshing of a gear blank with a 

imaginary gear cutter. This generating process will produce one space and the gear blank is indexed 

to one tooth and the generating cycle is repeated until all the teeth and spaces are produced.   

Fig.2 depicts the normal section of the gear cutter sΣ  that generates the face gear space. The 

profile is modified to be a parabolic style in order to improve the meshing characteristics of the face 

gear drive instead of the straight edged one. Parameters ma , fR and nα  are the design parameters. 

The parabolic line of the normal section can be represented in coordinate system ),,( iiii ZYXS  and 

),,( aaaa ZYXS  by 
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Fig.1. Generating mechanism for face gears with arcuate teeth         Fig.2.Normal section of gear cutter 
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Fig.3.Relations between coordinate system Sa and Ss            Fig.4.Generation of face gear by imaginary gear cutter 

a ai i
=R M R       (2) 

Where ia  is coefficient of the parabolic normal section, and iu  is one of the surface parameters 

of sΣ . 

The tooth surface of imaginary gear cutter is formed by a rotary cutting surface of cutter head 

with a titled angle. Fig.3 shows the formation of the gear cutter surface and the relations between 

coordinate system aS  and sS . Auxiliary Coordinate systems cS  and dS  denote the rotation of 

the cutter spindle, and bS  and eS  represent the transformation of the titled angle.  

Gear cutter surface sΣ  is represented in coordinate system sS  by the matrix equation 

( , )s i f sf fe ed dc cb ba au θ =R M M M M M M R   (3) 

Where fθ  is also the surface parameter of sΣ . 

The tooth surface 2Σ  of the face gear is generated as the envelope to the family of tooth surface 

sΣ of the imaginary gear cutter. We apply for derivations the fixed coordinate systems mS  and kS  

and movable coordinate systems sS  and 2S (Fig.4).  The cutter and the face gear perform related 

rotations about the mx and kx axes. Here, 
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N

ϕ
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Where sN  and 2N  are the numbers of teeth of the gear cutter and the face gear, respectively. 

Surface 2Σ  is determined by the following equations: 
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Vector function 2 ( , , )i f su θ ϕr  represents in coordinate system 2S  the family of the gear cutter 

surfaces sΣ . Equation 02 =sf is the equation of meshing. Eqs. (5) and (6) considered 

simultaneously represent the tooth surface 2Σ  by three related parameters. 

Simulation of Gear Meshing and Tooth Contact Analysis(TCA) 

The meshing between the concave side of the pinion and the convex side of the gear is analyzed in 

the face gear drive. Coordinate system fS  is the fixed one and is rigidly connected to the frame of 

the face gear drive(Fig.5). Coordinate systems 1S  and 2S  are rigidly connected to the pinion and 

face gear, respectively. Auxiliary coordinate systems pS , qS  and eS  are applied for simulation of 

errors of alignment γ∆  of the shaft angle, q∆  of the axial displacement and E∆  of the offset of 

the face gear. The tangency of surfaces 1Σ  and 2Σ  is considered in fS  as the following 

equations[3]: 

40 Advances in Power Transmission Science and Technology



 

 

 

(1) (2)

1 2

(1) (2)

1 2

( , , , ) ( , , , )

( , , , ) ( , , , )

f p p p f g g g

f p p p f g g g

u u

u u

θ ϕ φ θ ϕ φ

θ ϕ φ θ ϕ φ

 =


=

r r

n n
 (7) 

Eqs.(7) yield a system of seven non-linear equations in eight unknowns considering the two 

meshing equations of the face gear and the pinion respectively, since 2)1(

ff nn = .  One of the 

unknowns, say 1φ  is chosen as the input parameter, and the solution of equations mentioned above 

is a computerized iterative process based on the Newton-Raphson method[4]. 

Numerical Examples for Gear Meshing Simulation 

The main design parameters of the face gear drive are listed in Table 1. A three-dimensional gear 

tooth profile of the gear drive can be plotted by applying the developed gear mathematical model 

and computer graphics as depicted in Fig.6. Comparison of meshing and contact for face gear drive 

with modified profile of the face gear to the one with no modification is depicted in Fig.7. Fig.8. 

Shows the shift of the paths of contact caused by errors of alignment E∆ , q∆  and γ∆ , respectively.  

                  Table 1. The parameters of design 
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Fig.5 Coordinate systems applied for simulation of meshing 

 

         
(a)             (b) 

Fig.6. Face gear drive with arcuate teeth of pinion and gear 

           

        

(a)            (b)           (c) 

Fig.7. Output of TCA for a face gear drive: (a)Paths of contact for face gear with the profile modified or not; 

(b)function of transmission errors with the face gear tooth out of modification; (c)function of transmission errors for the 

drive with modified profile of the face gear. 

Parameters  

Pinion tooth number N1 42 

Face gear tooth number  N2 180 

Gear cutter tooth number Ns 45 

Normal module mn/(mm) 3.0 

Pressure angle αn/(°) 22 

Titled angle γ/(°) 8 

Cutter head radius Rf/(mm) 120 

Parabola coefficient ai 0.01 
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 (a)        (b)           (c) 

Fig.8. Influence of errors of alignment on the shift of the path of contact for a modified face gear drive with the 

following errors: (a) E∆ ; (b) q∆ ; (c) γ∆  

Conclusion 

The discussions above allow to draw the following conclusions: 

(1) A new type of face gear drive with arcuate tooth of face gear and pinion has been investigated. 
And the face gear tooth surface is generated as the envelope to the family of the imaginary gear 

cutter. 

(2) The function of transmission errors is a parabolic one. A low magnitude and better symmetry of 

the function can be obtained by application of the profile modification of the face gear.  

(3) Flank modification of the face gear can decrease the sensitivity of the gear drive to the errors of 

alignment E∆  and q∆ . The contact paths are shifted up due to the error γ∆ , and this may result in 

stress concentration on the gear. But the sensitivity of this type face gear drive to the errors of 

alignment is better than others face-gear drive[3].  
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Abstract. A new silk-hat type of harmonic drive device (HDD) with arc flexspline (FS) structure is 

developed. Loaded gear contact analysis (LGCA) and stress calculations are made for it with 

three-dimensional, finite element method (3D-FEM). Basic performances and strengths tests are also 

made. It is found that the new structure almost has the same performances and strength as the old one. 

Introduction 

HDD [1-2] has many advantages, such as lightweight, small size, high reduction ratio, low backlash 

etc. It is widely used in robots, aeronautic and astronautic equipments as a precise motion and power 

transmission. Since elastic deflection of the flexspline, a very thin-rimmed spur gear, is used to 

generate engagement movement of teeth, many design problems for the devices have not been solved 

so far. Especially, structural design and strength calculations for this device need great challenges for 

designers.  

This paper is an introduction to the new challenge of designing a silk-hat type of HDD with 

arc-shaped FS structure. 3D-FEM is developed based on many years’ researches. It is used to conduct 

LGCA (Contact problem of the HDD is different from usual solid gears. All the gear structure of the 

FS must be considered in the model, so, loaded gear contact analysis is used here instead of using 

loaded tooth contact analysis) and strength calculations of the HDD. In order to make the device have 

the same life everywhere, balance design and structure discussions are conducted for the HDD with 

the 3D-FEM. Structural discussion and strength calculation results are introduced here. Based on the 

results, the new HDD is made. Performance and strength tests are also made for this new structure. It 

is found that the new design almost has the same performance and strength as the old one. 

New Silk-hat Type of HDD with arc Flexspline 

Figure 1 is the new silk-hat type of HDD with the arc-shaped flexspline. As a conventional unit type 

of HDD, the new HDD also consists of flexspline, circular-spline (CS), wave generator (WG), 

flexible ball bearing, main bearing (here, cross-roller bearing is used) and other parts [3].  

As shown in Fig. 1(a), the old structure of the flexspline consists of tooth, tube and diaphragm 

while the new one consists of tooth and arc. This is the difference from the old one. Why to change the 

old structure of FS into an arc-shaped structure? Three advantages in the following are considered.  

(1) the new FS can be designed to be more flexible than the old one in radial direction, especially in 

the case that the tube is very short, so that bearing loads resulted from WG deflection can be reduced; 

(2) Flexible ball bearing can be inserted from both sides of the FS (the tooth side and the boss side) 

while it can only be inserted for the tooth side for the old structure; (3) Enlarged space of FS hollow 

hole at the boss side can be used for putting other parts in. On the opposite side, it is quite difficult to 

make the new structure of the arc-shaped FS. So, it is a great challenge to develop this new HDD. 
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FEM model and Loaded Gear Contact Analysis 

In order to be able to design the FS structure and calculate strength of the HDD, LGCA is made by 

3D-FEM using models as shown in Fig. 2. Mathematical programming method (MPM) is developed 

and then used to do it based on many years’ researches of the author [4-5]. In this LGCA, face-contact 

model of the FS teeth with the CS teeth is used. Deformation influence coefficients of the assumed 

contact points both on FS and CS tooth surfaces are calculated by 3D-FEM. Loads distributed on 

tooth surfaces are obtained by conducting MPM. Bearing ball loads are obtained through performing 

3D-FEM calculations of FS structure using tooth loads and calculating reaction force on balls. 

Contact stresses on tooth surfaces and bearing balls are calculated with “unit area” method [6] and 

Hertzian formulas, respectively. Calculation results are explained in the following. 

Old structure

New structure

TubeDiaphragm

Tooth

       

(a) FS structure comparison                          (b) Section view of the unit structure  

Fig.1 New silk-hat type of HDD with arc-shaped FS structure 
 

   
(a) The whole model                          (b) Enlarged view                            (c) Section view of teeth 

Fig.2 3D-FEM Model for loaded gear contact Analysis 

Results of Stress Analyses and Discussions 

Tooth Surface Contact Stresses. Figure 3 is contour lines of the maximum contact stresses on every 

tooth surface. Abscissa and the ordinate of Fig. 3 are face width of FS teeth and angular range of 

contact teeth, simply called contact angle here. Major axis of the WG is located at the 0 degree of the 

contact angle. Position of the major axis of WG is also shown in Fig.3. From Fig. 3, it is found that FS 

teeth contact with CS teeth at angular range of -18 to 8 degrees. The maximum contact stress occurs at 

open end of FS at about 12.5 degree (FS teeth is not lead relived or crowned in the analyses).  

Tooth Root Bending Stresses. Figure 4 is contour lines of the maximum root bending stresses for 

every tooth. Abscissa and the ordinate of Fig. 4 are face width of FS teeth and circumferential angle of 

contact teeth, simply called circumferential angle here. Major axis of the WG is located at the 90 

degree of the circumferential angle. From Fig. 4, it is found that the maximum root bending stress 

Flexspline (FS)

Circular spline (CS)

Wave generator (WG)
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occurs at the positions of the major axis (circumferential angle=90degree) and flexible bearing ball. It 

is also found that center positions of the contour lines are agreement with the positions of the flexible 

bearing balls. So, it can be said that the positions of the bearing balls exerts effects on tooth root 

stresses directly. 

Flexspline Structural Stresses. Bending stresses of FS structure distributed along the generating 

line of FS is given in Fig. 5. In Fig. 5, abscissa is number of the points on the generating line. These 

numbers are used to stand for the positions of the points on the generating line and they are shown in 

Fig. 6. Ordinate of Fig. 5 is stress level. Five stress components (Von Mises, radial, circumferential, 

shearing and axial stresses) are given in Fig. 5. From Fig. 5, it is found that Point 4 has greater stresses. 

Circumferential distribution of the stresses at Point 4 is given in Fig. 7. From Fig. 7, it is found that 

Mises stresses at the major axis positions are almost the same level as the ones at the minor axis 

positions (circumferential angle=0 and 180degrees). 

Bearing ball Loads and Contact Stresses. Loads and contact stresses distributed on bearing balls 

are given in Fig. 8. In Fig. 8, abscissa is number of balls. Since the ball of No.6 is located at the 

position of the major axis, positions of other balls can be known simply. There are two factors to 

produce ball loads, the one is elliptical deflection of the WG and the other is loaded torque. Loads 

resulted from these two factors are calculated and given in Fig. 8, respectively. It is found that the 

maximum ball load and contact stress for the new structure is about 5% less than the ones of the old 

structure. This decrease is resulted from structural deformation of flexspline. This new structure is 

designed to be deformed easier than the old one. 
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Fig.3 Contour lines of tooth contact stresses                 Fig.4 Contour lines of tooth root stresses 
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Fig.7 Stresses at Point 4                          Fig.8 Loads and contact stresses on bearing balls 

Test Results 

The following items are tested for the new HDD. (1) Basic performance (lost motion, backlash, 

transmission errors and torsional stiffness); (2) Static strength (tooth root breakage and bulking 

strength of the flexspline structure; (3) Fatigue strength (contact fatigue failures on tooth surfaces and 

bearing balls, bending fatigue failures at tooth roots and FS structure). It is found that except for 

bulking strength and transmission errors, the new HDD almost has the same performance and strength 

as the old one. 

Summary 

A challenge to design a new silk type of HDD with arc-shaped FS structure is introduced in this paper. 

3D-FEM is used to design the new HDD through performing loaded gear contact analyses and stress 

calculations. The new HDD is made through great efforts of other staffs. Performance and strength are 

tested for this new HDD. It is found that the new HDD can be designed as the same performance and 

strength levels as the conventional one. 
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Abstract: In order to minimize the fluctuation of gear transmission error (GTE) about the planetary 

gear transmission. A method was developed to deciding tooth profile modification curves of 

planetary transmission. According to the condition of the invariable design load, computing the 

dynamic characteristics of the planetary transmission system under modified and un-modified gear. 

At the same time, the compare is carried through of the dynamic characteristics for modified and 

un-modified gear. The results of the dynamic calculation indicate that the profile modification 

method can make the amplitudes of gear mesh stiffness change calmness and reduce the amplitudes 

of gear mesh stiffness by this method in paper. At last, the conclusion can be obtained that the tooth 

profile modification can reduce the vibration and noise of the planetary transmission system. 

Introduction 

Dynamic characteristic of gear transmission is the important research content of the warship power 

transmission. Scholars have accepted and approved that the GTE is the predominant source of 

system excitation and via a complex transfer function produces vibration and noise in the power 

train system [1]. In order to reduce fluctuation of GTE in the process of gear transmission; the 

theory of tooth profile modification is applied to gear system. By tooth modification, the fluctuation 

of GTE is reduced to least. The tooth modification can improve the change of time-varying mesh 

stiffness during the gear mesh. In paper, the planetary transmission system is founded by the finite 

element method; the dynamics simulation is carried through of the un-modified planetary 

transmission system, and obtains the displacement of gear components. The parameters of the 

profile modification can be gained by the above analysis. The simulation is carried through of the 

modified gear system; the compare is executed of the dynamic response of modified and 

un-modified gear, the result proves the gear profile modification is an effective method to reduce 

the vibration and noise of the gear system. 

The Transmission Error of the Gear System 

Gear transmission error (TE) is defined as the difference between the actual position of the output 

gear and the position it would occupy if the gear drive were perfect [2]. The difference is expressed 

with sign θ∆ , the θ∆ can be translated into displacement on the mesh action line, it is called the 

linear transmission error, and is expressed with TE. So the TE is expressed as the Eq. 1.  

2bTE r θ= ∆                                                                         （1） 

Here rb2 is the driven gear base circle radius. 

TE is a variable during the gear transmission. When TE is constant, the vibration of gear system 

will disappear. The objective of gear modification is to reduce the fluctuation of transmission error 

of the planetary transmission system，and control the fluctuation quantity to reach least. 

In the mesh area of the gear transmission, the hypothesis is employed that the most value of TE 

is maxi
θ∆ during the mesh of the number i  gear pair. 

i
θ∆  is a TE on the random mesh point 

during the gear mesh. In the course of mesh, the fluctuation quantity of TE is Eq.2. 
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max
max

2

i i

i i i
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TE TE

r
θ θ

−
∆ = ∆ −∆ =                                                        （2） 

The linear TE of the random mesh point should equal to synthesis deformation 
i
δ  of the gear 

tooth of the standard assembly for theory involutes gear transmission i.e. the summation of the 

deformation on the mesh line for the drive and driven gears. Eq. 3 can be obtained on the basis of 

the Eq. 2. 

max

2

i i

i

b

TE

r

δ−
∆ =                                                                       （3） 

The summation of modification quantity is
i
E on the mesh line for the drive and driven gears for 

the random mesh point of the number i mesh tooth profile after the modified gears. The Ei is called 

gear tooth synthesize modification quantity. At the same position, the gear tooth synthesize 

deformation is
i
δ . After the gears are modified, the fluctuation quantity of TE can be express with 

underside Eq. 4. 

 max

2

( )
i i i

i

b

TE E

r

δ− +
∆ =                                                                （4） 

In order to achieve to reduce vibration of gear system to the modified gears，the fluctuation value 

of TE equal to zero for the random mesh course of gear pair. The Eq. 5 can be gained. 

max constant
i i

TE Eδ= + =                                                               （5） 

Make Certain Modification Curve of Gear Tooth Profile  

The assumption is done that the tooth system runs under the constant load, the most linear 

transmission error (TEmax) is ensured firstly. In paper, the TEmax is ensured by the finite element 

method. The TEmax will present to input-mesh and output-mesh position of gear pair on the basis of 

literature [4]. It can be expressed with Eq. 6. 

{ }max max
i

TE δ=                                                                     （6） 

In paper, the geometry parameter of the planetary transmission is listed table 1. 

 

Table 1 Geometry parameter of gear transmission  
 Sun Pinion Ring 

Tooth number 27   35 99 

Press angle（°） 20° 

Modulus（mm） 3 

Helix angle（°） 26° 

Tooth face width（mm） 25 

Input torsion（N·mm） 1.83×106 

Input rotate speed（RPM） 1.623×103 

The sun is an input gear, the ring is fixed and the carrier is an output component. The synthesis 

deformation quantity
i
δ is periodically variation on the mesh action line between mesh gears before 

the gears are modified on the basis of the calculation of the finite element method.  
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In the fig. 1, the TEmax equal to 0.07695 (mm) in the course of gears mesh for sun and pinion, and 

the TEmax equal to 0.07421 (mm) in the course of gears mesh for ring and pinion. The TEmax is a 

steady value when the gear system runs steadily. The synthesis modification quantity is computed 

by Eq. 5. The curve figure of the synthesis modification quantity is showed as the fig. 2. 

 
Fig.1 The synthesis deformation of gear     Fig.2 The synthesis modification quantity  

              on the mesh line                         of gear on the mesh line 

When the TEmax curve is made sure, the modification curve of single gear profile will be 

ascertained on the mesh action line too. The literature [3] thinks that the TEmax is distributed 

averagely to the drive and driven gears of mesh gears on the mesh action line is feasible. The tooth 

is modified only at the input-mesh and output-mesh position. The modification quantity curve of the 

normal direction can be showed as the fig. 3, fig. 4, fig. 5. 

 
Fig.3 The modification quantity of sun gear    Fig.4 The modification quantity of pinion gear  

profile of normal direction               profile of normal direction 

 
Fig.5 The modification quantity of ring gear profile of normal direction 

The Characteristic Analyze of Planetary Transmission System 

In paper, the dynamic characteristic is compared of modified and un-modified gear about the upper 

example. The response of modified gears can be obtained by the simulation calculation.  

The mesh stiffness curve of mesh gears can be gained by calculation. The synthesis mesh 

stiffness is carried through the Fourier Transform (FFT) in the frequency filed to convenient for 

compare. The frequency response is showed as the fig.6, fig.7. 
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Fig.6 The synthesis mesh stiffness between         Fig.7 The synthesis mesh stiffness between 

sun gear and pinion gear                      ring gear and pinion gear 

The amplitudes of the synthesis mesh stiffness will be reduced after the gears are modified from 

fig.6, fig.7, and the change of mesh stiffness becomes calm down. So the gear modification is 

effective to reduce vibration and noise of gears system. 

Conclusion 

The fluctuation can induce vibration and noise of gear transmission system; the synthesis 

modification curve of gear profile is obtained on the base of the constant of transmission error. The 

modification can reduce observably the fluctuation of GTE. So the gear modification can reduce 

vibration and noise of gear transmission system. 
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Abstract. In a gear box design, it is quite difficult for a designer to quickly find an optimum solution, 

while the space restriction is given and the weight is to be minimized. Also the manufacturing cost, 

total power loss and other relevant factors have to be considered. Solving such a problem is very 

time-consuming, if different variants of reducers have to be evaluated carefully. A new optimization 

tool, based on KISSsys software, permits to layout automatically a complete gearbox using functions 

for the layout of gear stages, shaft dimensions and bearings, if the required torque capacity, life time, 

safety factors and the total ratio are given. This tool is used to generate a complete set of different 

variants of gear reducers. The main results are displayed in 3D graphics, showing weight, costs and 

efficiency of the different variants. Another graph shows the casing dimensions of the variants in 

three dimensions in order to check the compliance with space restriction. The use of this tool in two 

typical engineering applications gives very good results; the potential for weight reduction is higher 

than expected, going up to 30%. Manufacturing price reduction is even higher, going up to 50%. 

Introduction 

A gearbox design, for example a planetary gearbox design with the total reduction ratio of 60:1, is 

quite difficult for a designer to quickly find an optimum solution, when the maximum space 

restrictions are given and the weight is to be minimized, and even the manufacturing costs, total 

power loss and other relevant factors have to be considered. Is it better in such a case to design a 

two-stage reducer, with relatively high reduction per stage, or a three stage reducer?  

Solving such a problem is very time-consuming, because a large number of different variants have 

to be evaluated carefully. A new optimization tool, based on KISSsys software, permits to layout 

automatically a complete gearbox using the layout functions of gear-stages, shaft dimensions and 

bearings from the given torque capacity, life time, safety factors and total ratio. The casing and the 

planet carrier is also automatically dimensioned, and the gross manufacturing price is calculated 

based on per kg-prices for gears, shafts, planet shafts, carrier and bearings.  

In the first step, the number of gear stages is defined. If the number of stages is not clearly defined, 

variants with different number of stages are checked. Furthermore the distributions of the reductions 

istage over the individual stages can be different and should be checked with different variants. Other 

parameters giving big influence on size and weight of reducers are the face width to center distance 

(b/a) and the face width to reference diameter (b/d) ratio; therefore also these parameters are varied.  

The automatic optimization procedure then generates the gearbox variants for a given output torque 

and total ratio, depending on the required variation range of parameters (b/a, istage) and the number of 

stages, each with its weight, efficiency, dimensions and costs. The main results are displayed in 3D 

graphics showing weight, costs and efficiency of all the variants. Another graph shows the casing 

dimensions of the variants in three dimensions for checking the compliance with external space 

restrictions. Furthermore, Excel compatible tables are produced with details for additional analysis of 

the results. 
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A ‘Gearbox-Variant-Generator’ based on KISSsys 

In the calculation software KISSsoft [1], a tool for the optimization of gear stages (pairs of gears and 

planetary stages) called ‘Fine-Sizing-Routine’ was developed already in 1987 [2]. Now, this function 

became one of the most powerful features in KISSsoft. Based on a user-defined range of parameters 

(module, helix angle, etc.) the software presents a large number of possible solutions covering the full 

parameter space and presents a list with many data (geometry, safeties, characteristics as sliding, 

losses, price, transmission error) including a qualification of every solution based on required 

characteristics. So the user can investigate all the near-best solutions and then select the optimal 

variant, which best fits his needs. In order to assist the engineer during this task, the program offers 

filter and sorting functions. KISSsoft was the first professional gear software worldwide proposing 

such a concept [2]. When the ‘Fine-Sizing-Routine’ was first developed, it was impossible to imagine 

a similar feature for the layout of complete gearboxes. But with the evolution of the computing power 

of today, the more powerful tools have been developed. KISSsys [1, 4] is such software available 

since 2000 for the calculation of complete power transmissions. The KISSsys software combines 

kinematic analysis, lifetime calculation, 3D graphics and user defined tables / dialogues with a 

programming language (Fig. 1). Due to its flexibility, it is the tool of choice for strength and lifetime 

analysis of various kinds of drive trains and gearboxes. 

 
Fig. 1. KISSsys windows of the Gearbox-Variant-Generator 

User Interface: Provides for input of required torque and speed 

Sizing: Includes the various sizing functions and functions for user data input 

Table of Variants: List of the different reducers, of which any solution can be selected 

Solutions: 3D display of main results for the 90 reducer variants calculated  

Optimization of a Compact Micro-Planetary-Gearbox 

The tool was used in a project for a Chinese company, producing small compact gear reducers with a 

high speed reduction. Such reducers, having an outer diameter of 50 mm and less are called as 

Micro-Planetary-Gearboxes. Normally the ring gear is the housing of these reducers, and all the stages 

must have the same ring gear geometry to simplify the manufacturing process (cutting the inner gear 
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tooth form with a needle out of a steel tube). The design data for one of the required gearbox was: 

Output speed 31 rpm and 16 Nm torque. On the input side, a 50 W with 5000 rpm motor should be 

used. Therefore, the required total reduction is i = 160. Since a single planetary stage has normally a 

reduction between 2.5 to 7.0, the reducer can be built as a 3-, 4- or 5-stage-reducer. There are many 

possibilities how the total reduction is distributed over each planetary stage. 

The tool proposes in the first step different possibilities for the ratio distribution over the stages 

(Fig.2). The proposal can be easily modified by the project engineer. The user can request a special 

design to share the same ring gear for all stages. Additionally other design parameters can be varied, 

for example the b/a ratio. Then all the different gear reducers are automatically designed for the 

required torque, and then the weight and manufacturing price are calculated. In this example, 42 

reduction ratio variants combined with 4 different b/a ratio results in 168 different reducers. All the 

solution can be visualized and in 3D graphics with showing the different characteristics. As shown in 

Fig. 2, the 5-stage solutions are the most economic. 

 

  
Fig. 2. Micro-Planetary-Gearbox with common outer ring (Analyzing 168 different reducer-variants)            

Above: Proposed stages and ratio variants.   

Below: Manufacturing prices of the different reducers (left), 3D-model of the selected variant (right)               

Optimization of a 3-MW Wind Turbine Gearbox 

One of the most important criteria in wind turbine design is weight reduction. Normally lower weight 

of the gearbox is even more important than lower manufacturing cost, because when the reducer is 

lighter, this reduces the cabin and tower construction costs. The wind turbine gearbox can have 

various configurations, and we decided to design a 3- or 4-stage planetary gearbox with no restriction 

on the ring gear geometry. The design data for the gearbox was: Input speed 15 rpm and output power 

3.2 MW. The required total gear ratio is i = 120 (speed increaser). The number of planets of all the 

stages is set to 3 to simplify the design. 

The tool proposes 153 different gearboxes from 51 ratio variants combined with 3 different 

b/a-ratio from 0.3 to 0.7 with the step of 0.2. Fig. 3 shows the minimum and the maximum priced 

variants for each b/a ratio. The average prices of the 3- and 4-stage gearboxes are 1.51×10
5
 and 

1.73×10
5
, and have less than 13% of difference. However, it is surprising that the difference of the 

minimum and the maximum prices is over 4 times (1.05×10
5
 and 4.44×10

5
) with the similar level of 

safeties. In addition, it should be noted that the minimum price gearbox was found in 4-stage variants, 

not in 3-stage. Thus, the proper selection of the design is most important to reduce the gearbox price, 

and it’s inevitable to use the tool in order to achieve the optimal gearbox design.  
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Fig. 3.  Wind turbine gearbox variants 

Above: Gearbox variants with minimum and maximum masses.           

Below: Price of the gearboxes (left), 3D-models of the minimum(center) and maximum prices (right) 

Conclusions 

A new tool, a Planetary-Variant-Generator permits an arbitrary number of completely defined 

planetary gearbox variants to be created automatically using functions for the layout of gear-stages, 

shaft dimensions, bearings and planet carrier; given the required torque capacity, life requirement, 

safety factors and the total ratio. As specified by the user, gearbox variants with different number of 

stages and different distribution of the ratios over the stages are calculated. The results such as weight, 

power loss, manufacturing price, torque capacity can be visualized in 3D-diagrams, in which the 

numbered variants are displayed. Thus the user can review the best proposition, but he can also see all 

the near-best solutions and then select the optimal variant, the one that best fits his needs. 

The use of this tool in two typical engineering applications gives very good results; the potential for 

weight reduction is higher than expected, going up to 30%. Manufacturing price reduction is even 

higher, going up to 50%. This product will be enhanced with some additional features and be 

available for general use. 
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Abstract. Planetary gear train (PGT) with herringbone gears is one of typical transmission styles 

used in marine power transmission. How to effectively design a PGT with lighter structures and 

lower vibration and noise is a fatal task for heavily loaded marine gearing. An analysis system 

which was developed in the past decades is introduced in this paper to simulate the performance of 

planetary herringbone gear trains. The effects of main crucial parameters on the static and dynamic 

characteristics of planetary herringbone gear trains are studied by using the analysis system. The 

results are discussed and show that the presented system is effective and can be used in design of 

planetary herringbone gear trains.  

Introduction 

Planetary gear train (PGT), including power-split PGT, has been widely applied in industry. Many 

works have been done on simulating the performance of PGT. These researches were mainly 

focused on the PGT with spur gears 
[1-2]

 or helical gears 
[3-5]

. But for marine power transmission, 

PGT with herringbone gears (HPGT) is more applicable because of its heavily loaded working 

circumstance. Establishing an effective analysis system is a crucial issue in design of marine 

planetary herringbone gear trains with lighter structures and lower vibration and noise.  

An analysis system is introduced in this paper for analyzing static and dynamic characteristics of 

marine planetary herringbone gear trains. Some crucial factors, like gravity, random distribution of 

manufacturing errors and coupling influence between two stages, are studied and discussed.  

Analysis System  

The schematic diagram of the analysis system is shown in Fig.1. 

Classical formulas based analyses. After inputting the basic parameters and transmission type 

of marine PGT, the load capacity, stiffness and stresses of all typical components, including gears, 

carriers, shafts and couplings, can be calculated by the classical formulas.  

FEM based static and dynamic analyses. Parametric Modeling. A set of parameters are 

designed to control the geometries and structures of HPGT gears and parts. Three-dimensional 

models of the HPGT gears and parts then can be easily generated by inputting rational parameters. 

CAE works of the gear trains can be flexibly carried out by using these models, such as the FE 

analyses, structural optimizations, et al.. 

Three Dimensional Optimization Modifications. According to different purpose, different gear 

modification means of HPGT can be selected, including tooth flank modification, tooth axial 

modification and 3-D optimization modification. 
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Tooth Static Load Analysis. The mesh stiffness, load distributions along different contact lines 

and load sharing ratio on different teeth in one engagement position are computed based on linear 

programming technique.  

Dynamic Analyses of Gear System. Lumped mass models for the dynamic analysis of gear 

systems of herringbone gear trains are established. The influences of main crucial factors in marine 

herringbone gear trains, such as film stiffness of journal bearing, gravity, random distribution of 

manufacturing errors, coupling influence between two stages, et al., are taken into consideration. 

Stiffness and Strength Analysis. Static and dynamic stiffness and stresses of gears and gear train 

parts are computed in this module. The means for calculating the steady-state displacement and 

stress responses of gear structures and gear train parts by commercial software is developed. 

 Classical Formulas  Based Analyses

Kinematics and Static Analysis Load Sharing Analysis

 FEM Based Static and Dynamic Analyses

Parametric Modeling

Mesh Stiffness 

Three Dimensional  Optimization Modifications

Gear Transmission Errors

Vibration and Noise Reduction

Influences Charts of Parameters on Vibration

Load Capacity Calculation of Gears Load Capacity Calculation of Carriers 
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Basic System

Parameter
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Static Root Bending Stress 
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Gear  System Dynamic Responses of Gearbox 

Dynamic Root Bending Stress 
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Load Distribution Manufacturing ErrorsTooth Static Load Analysis

 

Fig.1 The schematic diagram of the analysis system 

Vibration and noise reduction. Influence Charts of Parameters on Vibration. Based on the 

analysis of one gear pair
[6]

, the general concept of the vibration chart is presented. Integrated with 

dynamic analyses of gear system, the influence of main parameters on vibration can be drawn in 

chart forms. 

FEM Based Vibration Analysis of Gearbox. The dynamic response of gearbox is calculated by 

using FEM with spring element to simulate the vibration isolators. The time history of the vibration 

acceleration and the noise spectrums are obtained by using FEM.  

BEM Based Noise Radiation Analysis of Gearbox. Taking the vertical vibration acceleration of 

gearbox as boundary condition, the noise radiation of the gearbox structure is analyzed by using 

BEM. The contributions of path, modal and panel to the noise radiation at a specified field point are 

gained simultaneously. 

Quasi-pure Probabilistic FEM based Reliability Analysis. Three Moment Method. This 

method considers not only the means and variances of random variables, but also the influence of 

skewness of probabilistic distribution of the variables. The experiments showed that the method can 

greatly increase the precision of reliability analysis. 

Quasi-pure Probabilistic FEM. Based on the three moment method, the basic theory and 

calculation procedure of quasi-pure probabilistic FEM is derived and implemented to increase the 

speed and accuracy of the reliability analysis of complex structures. 
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Computer-aided FMECA. Based on the typical failure and knowledge management theory, the 

computer-aided Failure Mode Effects and Criticality Analysis (FMECA) for marine power 

transmission is developed.  

Results and Discussion  

The parametric models of HPGT. The parametric model of a herringbone gear is shown in Fig.2. 

The assembly model of the power-split HPGT is shown in Fig.3. This virtual prototype can achieve 

the virtual assembling and movement. 

                   

Fig.2 The model of a herringbone gear     Fig.3 The virtual prototype of a power-split HPGT 

The mesh stiffness analysis. The influences of the structural sizes and basic parameters on mesh 

stiffness of herringbone gear pair are studied, including rim, web, lighting holes, helical angle, et al.. 

The comparison of mesh stiffness and contact length of gears is shown in Fig.4. The results show 

that the sum length of all contact lines in one engagement position is the most significant factor to 

affect the mesh stiffness of the position. The mesh stiffness decreases slightly when the tooth comes 

into or exits the engagement. 
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(a) The external gear pair                         (b) The internal gear pair 

Fig.4 The mesh stiffness and contact length of helical gears 

Dynamic responses of power-split HPGT. It can be seen from Fig.5 that when the random 

distribution of manufacturing errors is introduced, the dynamic forces at different meshing cycles 

are different. It fits more real working situation of the HPGT. The dynamic load factors with 

different input speeds of the sun-planet pair in encased stage are shown in Fig.6. There are several 

potential resonance frequencies in the planetary gear train.  

Differences between different mesh cycles

Mesh frequency
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Frequency           
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Fig. 5 The dynamic force                  Fig.6 The dynamic load factor 

Influence of modification on dynamic response. Table 1 gives the dynamic load factor and 

vibration accelerations with different modification means. The tooth frank and 3-D modifications 

can decrease the vibration accelerations distinctly. The decreased ratio of dynamic load factor is 

less than 5% after the tooth axial modification due to the high contact ratio of herringbone gears.  
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 Table 1 The dynamic load factor and vibration accelerations with different modification 
Modification means Dynamic load factor Ratio Vibration accelerations Ratio 

None 1.2414 - 21.1015 - 

Tooth frank 1.1949 -3.72% 17.9401 -14.98% 

Tooth axial 1.2284 -1.02% 20.2916 -3.84% 

3-D modification 1.1840 -4.60% 17.0471 -19.21% 

Influence charts. Fig. 7 shows the influences of input speed and the bending stiffness of input 

shaft on input bearing vibration. Fig. 8 is the influence charts of mass ratio and input speed on 

dynamic load factor. 
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Fig.7 Influence chart of input shaft bending stiffness   Fg.8 Influence chart of mass ratio 

Acoustic analysis of the gear box. Three models of the gear box, including assembly, FEM and 

BEM models, are shown in Fig.9 respectively. To apply the load more conveniently, the coupling is 

defined between the nodes of the output shaft bearings and holes of the planet gear axis. The effects 

of the coating layer thickness of damping material, the amounts of ribs, and the wall thickness on 

the noise radiation are studied to optimize the structure size and local material.  
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(a) Assembly model               (b) FEM model              (c) BEM model 

Fig.9 Three models of gear box for power-split HPGT.  

Conclusions 

An analysis system of marine planetary gear train is developed in this paper. The system includes 

classical formulas based analyses, FEM based analysis, vibration and noise reduction, quasi-pure 

probabilistic FEM based reliability analysis and computer-aided FMECA. The effectiveness of the 

system has been demonstrated by performance simulation for power-split HPGT. The analysis 

system can be used for innovation design of marine planetary gear trains. 
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Abstract. This paper performs analyses and studies to a part of the foreign advanced helicopter 

transmission system technology. It introduces the design train of thought, main component 

structures and relevant parameters. It will give a reference to engineering technical personnel of the 

helicopter transmission system.  

Introduction 

Transmission system is one of three key dynamic components of helicopter. The requirements of 

helicopter are higher and higher in the world, such as the reliability, security, economy, comfort 

ability, environment ability and so on. The requirements of transmission system are also getting 

higher, for instance light weight, long life, high TBO(Time Between Overhaul), high survivability 

and low noise. The investment and research percentage of transmission system are also increased by 

every helicopter company in the world. Therefore the new technique of the helicopter transmission 

system is appearing time and again. Now we are performing analysis and application probing of a 

part of advanced helicopter transmission system technique on the world. 

The Circular Arc Gear Technique 

The circular arc gear transmission could be divided into single and double circular arc gear 

transmission. 

The Single Circular Arc Gear. The single circular arc gear is called into Novikov gear or W-N 

gear (Wildhaber-Novikov) or conformal gearing. Its engagement transmission is performed by the 

contact of concave and convex gear surface. The pinion is convex gear and the driven gear is 

concave gear, shown as Fig. 1. The engagement transmission of involute gear is contact by convex 

gear and convex gear. Its stress is larger than the circular arc gear on unit area, shown as Fig. 2 and 

Fig. 3. There are many advantages which the circular arc gears compared with the involute gears, so 

it has been successfully used in the helicopter transmission system. For example, the Lynx 

helicopter main gearbox that used the circular arc gear which is made by Westland Helicopter 

Company and Ka-type helicopter main gearbox that used the circular arc gear which is made by 

Russia Helicopter Company. 

The Lynx helicopter main gearbox is the earliest application of the single circular arc gear in the 

world. According to Chief engineer D. Berrington introduction of the Westland Helicopter 

Company, “In order to ensure safety and reliability of the whole helicopter, we applied the single 

circular arc gears on the Lynx helicopter main gearbox. By means of several gears studies to 

circular arc gears, Westland Helicopter Company has matured design technology and manufactures 
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Fig.1 Single circular arc gears  Fig.2 Involute gear stress    Fig.3 Circular arc gear stress 

experience of circular arc gears which can ensure the helicopter safety for flight. After the 

application the circular arc gears on the helicopter main gearbox, the advantage is that it is simple to 

main gearbox drive construction and reduction the part numbers. On the other hand, it can reduce 

the height of the main gearbox. It compare with application planet system on the main gearbox 

which can be reduced the height about 250mm. Therefore, it can increase reliability and 

maintenance and reduce the weight of main gearbox. 

From the text above, there are main advantages after application the singe circular arc gears on 

the Lynx main gearbox as follows: 

(1) The single drive ratio could be very large if main gearbox is used the circular arc gears. The 

gear numbers could be one. In the theory speaking, there are not limit situation on the minimized 

tooth numbers. But taking into account reducing weight and gear’s strength and rigidity, the gear 

ratio couldn’t have not limit. The single circular arc gear ratio could be larger to 1:9, and the Lynx 

main gearbox single stage gear ratio is only chosen 1:7. 

(2) The Lynx main gearbox (MGB) drive stage number only has two stages. It can reduce the 

part numbers. The Lynx MGB are compared with “Seaking” MGB, the drive part number reduced 

to 40 percent, shown as Table 1. 

Table 1  Comparison with Seaking MGB and Lynx MGB 

Helicopter 

Item 

“Seaking ”MGB “Lynx” MGB 

Component  No 44 26 

Gear No 16 7 

Bearing No 28 19 

Total 88 52 

(3) The circular arc gear engagement is very stable, only has small period dynamic loads. At the 

same time, it’s easy to form elastic fluid oil film. Therefore the gears are not easy to appear failures 

of spall and scoring. 

(4) The gear surface has higher loads capability due to the circular arc gear having very large 

radius of equivalent curvature. The single circular arc gear form is adopted in the Lynx main 

gearbox, and the gear surface has high hardness (HRC58) after carburized and quench. The capacity 

of circular arc gear surface has greatly increased comparing with soft gear surface (HRC35). 

(5) After application the circular arc gear should take into account the forces composed in order 

to reduce loads of bearing and houses, so as to increase the life of bearings and houses. Parallel 

shaft drive should be adopted among the combined gears. It could reduce the radial forces, shown as 

Fig.4.  

(6) The spiral direction of combined gear is right hand, when it transfers the power could make 

the axial forces go down. It is opposite with main rotor thrust direction, so that it could reduce the 

loads of main rotor shaft ball bearings within the most operation time. Therefore it could increase 

and extend the application life of the main rotor shaft ball bearings. 
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Fig.4 Radial forces for combined gear          Fig.5 Profile of double circular arc gear 

The Double Circular Arc Gear The profile of double circular arc gear (short for DCAG) has two 

engagement lines that is attained by combining two circular arc gear profiles (convex and concave) 

on one gear surface. The top of the teeth profile is a convex gear and the root is a concave gear, 

shown as Fig.5. It follows that DCAG has two engagement lines and it is easier to form elastic fluid 

oil film. Large amount of tests and researches has been proved that single and DCAG possess 

obvious superiority than involute gear. Its contact strength of gear surface is 2~4 times higher. 

Bending strength may rise to 40% higher. Both contact ratio and anti-scoring capability will have 

large amount rise also. 

Face Gear Technique 

NASA Lewis center and U.S Armed force started the research of face gear technology in ART 

(Advanced Rotorcraft Transmission) plan in 1991 and the United States applied face gear 

technology successfully to the main gearbox of apache helicopter in 2009, shown as Fig.6. Fig.7. 

shows the transmission of main gearbox of original Apache. In some West Europe developed 

countries, the face gear transmission was considered as the hope of rotorcraft transmission in 21 

century. They put in a large amount of man power and material to start the face gear research, such 

as the FACET plan in Italy, Japanese related scholar carried out researches on technique of similar 

machine of face gear with numerical controlled hobbing machines. Canadian North-Star Company 

had developed the technique of face gear teeth grinding machines. In addiction to the above, the 

U.S. NASA Lewis Center carried out researches also on the application of face gear on the main 

gearbox of Blackhawk Helicopter. The object of these researches is to replace spiral level gear 

transmission with face gears. The face gear transmission as compared with spiral level gear 

transmission has the following merits: 

(1) The pinion is involute cylindrical gear. Its axial position error has no effect on transmission 

performance; other directional errors have only very small effects. There is no need to do any 

anti-dislocation design.  

(2) Compared with bevel gear transmission, face gear transmission has rather large contact ratio, 

under no load conditions it will be 1.6~1.8 generally and the highest may be more than 2, it will be 

still higher when loaded. 

(3) When the pinion is a spur gear, there is no axial force acting on the pinion. It will simplify 

support and reduce the weight.  

(4) When the face gear transmission is adopted instead of spiral level gears transmission, the 

weight of the main gearbox will decrease by about 35%. Table 2 shows the comparison of related 

performance.  
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(5) Just because of the merits of face gear transmission as described above, many universities 

and enterprises in China carried out related researches also. They established the method of 

calculation of contact strength, bending strength and scoring strength. There are some enterprises 

are now doing researches on teeth grinding machine for face gears. All these have laid the good 

foundations for the application and extension of face gear in China.   

Table 2 Comparison of spiral level gear and face gear 

 Spiral Level Gear  Face Gear 

Spilt-torque- no merits having merits 

Weight heavy light 

Noise high low 

Cost high low 

Reliability high high 

Axial force large small(pinion no) 

Bearing life short long 

 

Fig.6 Face Gear Application of Main             Fig.7 Original Main Gearbox Transmission 

 Gearbox (three stages)                    Scheme of Apache Helicopter (four stages) 

Integrated Design Technique 

Accompanying the unceasing development of the transmission system of helicopters, integrated 

design technique had been widely adopted in main gearbox design (Fig.8~10). For example, the 

main gearbox of French “Tiger” helicopter had adopted large amount of this technology, i.e. spiral 

bevel gear-ball bearing inner race-spur gear-helical gear-roller bearing inner race five functions in 

one design. Fig.11 shows the details. Integrated design can reduce the number of parts, weight and 

increase reliability of main gearbox.  

 

Fig.8 Comparison between a conventional bearing assembly 

and an assembly with an integral bearing race 
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Fig.9 Integrated design structure of a combined gear 

 

Fig.10 Bearing integrated technique 

 
Fig.11 Integrated technique of main gearbox tail take-off component 

Dry-running Technique 

For either civil or armed force users the duration of dry-running of helicopter gearbox should be no 

less than 30 minutes at present in foreign countries. Dry-running is one of the key techniques in 

helicopter gearbox design. Everybody knows that helicopter gearbox will be in dry-running 

condition in a short time when damaged by a shot. Due to rapid temperature rise, bearing expand 

and get stuck quickly, gears lose their working clearance, and the gearbox will be damaged in a few 

minutes and stop working. This result will be a terrible catastrophe. Therefore, gearbox gears must 

have a longer dry-running capability to secure the safety of helicopters, customers and pilots. 

Foreign helicopters companies take mainly the following measures in design:  
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(1) Increase moderately the clearance of spiral bevel gear of high speed input stage, to prevent 

gear interference or get stuck due to high temperature rise when dry-running. 

(2) Increase moderately the axial and radial play of all the bearings of high speed input stage, 

ceramic bearing can also be used. In order to extend the time of dry-running, the steel-made cage of 

bearings is silver plated. 

(3) High temperature resistant and low friction coefficient materials, such as M5ONIL and 

CSS-42L steel are adopted. 

(4) Ring shaped oil reserve trough on the casing of input stage and oil collect cavity or wick- 

ness in the shaft measures are made, when lubrication system suffers a shot, oil will flew slowly 

into bearings or on gears by centrifugal force under no pressure condition. The dry-running time 

thus will be extended .Fig.12 shows the nose gearbox of Apache helicopter. 

(5) Gear shaft is placed with simple support; ball bearings and roller bearings are adopted for the 

support of gear shafts. In high speed input stage tapered roller bearings will not be used if possible. 

Grease lubrication is adopted on the tail drive system also. 

(6) Redundancies structure design is adopted for example: Modular structure of the left and right 

input stage can be designed into symmetry. Two independent lubrication system and methods of 

multi-paths transmission power are adopted in the main gearbox, e.g. after the OH-58C helicopter 

main gearbox which is made by USA is modified from three planet gears change into four, the dry- 

running time can increase three times. 

 
Fig.12.Wickniss of input stage of apache main gear box 
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Abstract. The average flow model proposed by Patir and Cheng offers a great convenience for the 

mixed-lubrication analysis of rough surfaces. The pressure flow factor introduced by Patir and Cheng 

helps to analyze the influence of roughness on the average pressure and average flow of a lubricant 

between surfaces. This paper reports how to reasonably choose initial pressure in computing the 

pressure flow factor. The numerical results show that the pressure distribution and further pressure 

flow factor value are sensitive to an initial pressure in solving the pressure flow factor, and the initial 

pressure of a constant value is not suitable for the pressure flow factor calculation for a measured 

surface with many sample points. Meanwhile, the pressure flow code is demonstrated by the 

comparison of the pressure obtained numerically with the analytical solution of pressure. 

Introduction 

The average flow model developed by Patir and Cheng [1] (referred to as PC hereafter) has been used 

in mixed-lubrication analyses for tribological pairs more than thirty years, where pressure and shear 

flow factors were introduced by PC to express the influence of roughness on the average pressure and 

average flow of a lubricant between surfaces. Based on the PC flow factors, some improved flow 

factors were given to be suitable for special operation conditions in the past by using a statistical 

model [1], deterministic model [2] and perturbation analysis method [3]. 

Despite these improvements, so far very little work has been done in the description of details of 

numerically solving flow factors, except PC’s original work. This brings out a difficulty for the flow 

factor innovators who are not familiar with the numerical details of the flow factorsThe authors’ 

calculation experience show that the solution process of the shear flow factor is usually smooth due to 

the fact that the inlet pressure of a lubricant is defined to be equal to the outlet pressure of the lubricant 

according to PC’s flow factor theory. Some numerical difficulties, however, will occur in solving the 

pressure flow factor, especially for one used for a measured surface with a large number of sample 

points, since the inlet pressure is defined by PC not to equal the outlet pressure for the pressure flow 

factor calculation. Therefore, important details in solving the pressure flow factor need to be revealed 

to be convenient for flow factor’s application or improvement. In the present work, only the choice of 

initial pressure in solving pressure flow factor will be analyzed, since the initial pressure plays an 

important role in achieving the reasonable pressure flow factor value. 

Review of the Pressure Flow Factor 

Figure 1 shows two surfaces in a lubricated interface. The upper and lower boundaries of the mating 

surfaces are denoted by surfaces A and B, respectively, with velocities 2u  and 1u  along the x 

direction, as shown in Fig.1, where the nominal film thickness between the upper surface A and lower 

surface B is denoted by h.  

If the roughness amplitudes of surfaces A and B are represented, respectively, by variables 2δ  and 

1δ , which are separately distributed with standard deviations Rq1 and Rq2 from their mean levels, the 

local film thickness Th  can be expressed as 

1 2Th h δ δ= + + .                                                                                                                            (1) 
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The lubrication theory for continuous, homogeneous and Newtonian fluid, neglecting the 

dependency of lubricant density on oil film pressure, leads to the following Reynolds equation for the 

average pressure [1] used for pressure flow factor 

3 3

1 2

12 12 2

T T T Th h u u h hp p

x x y y x tη η
    + ∂ ∂∂ ∂ ∂ ∂

+ = +   ∂ ∂ ∂ ∂ ∂ ∂   
.                                                                        (2) 

where p  is the average pressure, η  is the lubricant viscosity, and t  is the time. For simplifying 

calculation, the pure rolling condition is used here, that is, 1 2u u U= = , as proposed by PC. The 1δ  

and 2δ  are the functions of position on each moving surface with time dependence relative to a 

stationary referenced place. This time dependence can be written as 

( , ),   1, 2i i x Ut y iδ δ= − = .                                                                                                            (3) 

so that 

/ / ,   i=1, 2i it U xδ δ∂ ∂ = − ∂ ∂ .                                                                                                                (4) 

Thus, by using Eqs.3 and 4, along with the above pure rolling condition, Eq.2 can be reduced to  

3 3

0
12 12

T Th hp p

x x y yη η
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+ =   ∂ ∂ ∂ ∂   
.                                                                                                  (5) 

To solve the Eq.5 for pressure and further for pressure flow factor, the following boundary 

conditions shown in Fig.2 are employed, i.e., 

at

at

at (no flow)

  0

  

 0  0,
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For simplicity, ap  and bp  are taken to be unit, and zero, respectively. Once Eq.5 is solved for 

pressure using the boundary conditions expressed by Eq.6, the pressure flow factor xφ (or yφ ) can be 

determined.  

 

 

Fig.2 Boundary conditions 
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The pressure flow factor in x direction is 

( )3 3

0 0
/ ( )

y xL L

x T b a

p
h dxdy h p p

x
φ

∂
= −

∂∫ ∫ .                                                                                                               (7) 

Note that the pressure flow factor in the y direction can be obtained from the equation 

( , / )y hφ γ σ = (1/ , / )x hφ γ σ  due to geometric similarity of the computation domain. 

Results and Discussion 

Equation 5 can be solved under relaxation iteration in row by row procedure with the first-order 

backward scheme. The pressure flow factor code was validated in reference[2],  where a basic 

agreement between the results from  present code and PC method can be found. In numerically 

simulating the pressure flow factor, the origin of coordinates is located at the beginning of the bottom 

surface in Fig.1, i.e., the inlet of the lubricant. The boundary conditions given in Eq.6 are applied 

when solving Eq.5 for the pressure. For simplicity and without loosing generality, let Lx=Ly=1.  

Since the right-hand side of Eq.5 is zero, the equation has special characteristics. The authors’ 

numerical practice shows that Eq.5 can be solved for the pressure used for the calculation of the 

pressure flow factor on the condition of many initial pressure values, among which the appropriate 

initial pressure needs to be discussed and chosen out in the following section. In the analysis, the Th  

value varies, and a measured rough surface with transverse orientation is used with 1001×521 sample 

points along the x- and y-directions, until otherwise specified. Meanwhile, the non-dimensional form 

of pressure is represented by / ap p . Here, ap  and bp  are still taken to be unit and zero for 

simplifying the analysis.  

Case 1: 1Th c=   

Here, 1c is a constant value. In this case, the roughness is not considered. Thus, a linear pressure 

distribution of p=((pa-pb)x/Lx+pb/Lx) can be obtained. 

Case 2:  1 0 2,Th c p c≠ =  

Here, 2c is a constant value. In this case, an arbitrary initial constant pressure 0p  can meet Eq.5. 

This implies the final pressure flow factor value is affected greatly by the initial pressure 0p . 

Case 2.1: 0p =0 

The initial pressure 0p is first assumed to be zero. Numerical results show that  the calculated 

pressure does not reflect the orientation of the transverse surface. The unreasonable pressure 

distribution implies that the final flow factor value from the initial pressure of zero will be incorrect.  

Case 2.2: 00 ap p< <   

The initial pressure between 00 ap p< <  is used. In this case, the pressure flow factor xφ versus H 

is given in an Fig.3, where 0p  is equal to 0.2. The xφ value approaches unit when the H value 

becomes larger. This is the similar to conclusion obtained in reference [1] and therefore seems to be 

correct. Figure 4 gives the corresponding pressure distribution for H=0.3 and when the 

non-dimensional value of 0p , 0 / ap p , equals 0.2, its convergence precision ε  still being 1.0×10
-6
. 

The pressure distribution with the unreasonable plateau does not show the orientation of the 

transverse surface, which implies the obtained pressure flow factor shown in Fig.3 is not reasonable. 

Case 2.3: 0 ap p>  

In this case, the pressure flow factor xφ versus H is given in  Fig5, where initial non-dimensional 

pressure 0 / ap p  equal to 3 is used for every H value. Further, Fig.6 gives the pressure distribution at 

H =0.3 when the non-dimensional value of 0p  is taken to be 3, its convergence precision ε  still being 

1.0×10
-6
. The orientation of the transverse surface does not be reflected in Fig.6. This unreasonable 

pressure implies the obtained pressure flow factor shown in Fig.5 is unreasonable. 
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Case 3: 1 0 2,Th c p c≠ ≠  

Further the varied film thickness is used, and the initial pressure is a function of x , that is  

0 (( ) / / )a b x b xp c p p x L p L= ⋅ − + .                                                                                                          (8) 
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Fig.7  Pressure distribution computed for ε=1.0× 10
-6
 using equation (16). (a): p0=3; (b): p0= 1 
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In Eq.8, the coefficient c  is set as a varied constant value. There are three cases for the c  value, 

that is, 1c > , 1c =  , 1c < .  In this discussion, the pressure convergence precision ε  for the three 

cases is 1.0×10
-6
. 

Fig.7 gives the pressure distribution for H =0.3 when the initial non-dimensional pressure is 

separately taken to be approximately 3 and 1. The pressure distributions show basically the 

orientation of the transverse surface.  The boundary pressures at x =0 in Fig.7(a) and (b) are 

separately 3 and 1. Meanwhile, the approximate linear pressure distribution along x  axis can be seen 

in Fig.7 (a) and (b). If the initial non-dimensional pressure is taken to be 0.3,  the boundary pressures 

at x =0  is about 3.  

To choose the reasonable pressure, a symbol is used first, that is e=δ/h. Thus, the local film 

thickness can be expressed as (1 )Th h e= + ,where δ  is the composite roughness amplitude of the 

upper and lower surfaces. By using a Taylor series, the pressure p  of an arbitrary node in the 

neighborhood of a fixed point f can be expanded as  

2 2 2
2 2

2 2

1 1 1

2 2 2
f

f f f f f

p p p p p
p p x y x x y y

x y x yx y

∂ ∂ ∂ ∂ ∂
= + ∆ ⋅ + ∆ ⋅ + ∆ ⋅ + ∆ ⋅∆ ⋅ + ∆ ⋅ + ⋅⋅ ⋅

∂ ∂ ∂ ∂∂ ∂
.                                     (9) 

where x∆ and y∆  are separately intervals between neighboring nodes along x - and y - axes.When 

the number of nodes approaches very larger values (for example 1001×521 along x and y axes in the 

present study), the p value must approach pf due to ∆x→0 and ∆y→0. By observing Fig.7(a) and (b), 

along with the above analysis, only the pressure distribution shown in Fig.7 (b) can meet this rule. 

Therefore, only the initial pressure of ((pa-pb)x/Lx+pb/Lx)is acceptable.  

Conclusions 

(1) The pressure distribution and further pressure flow factor value are sensitive to an initial pressure 

in solving the pressure flow factor.  

(2) Reasonable pressure distribution and further reasonable pressure flow factor is obtained only 

when the used initial pressure in solving the pressure flow factor is taken to be the pressure 

solution obtained under the smooth surface condition. 
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Abstract. In many gear transmissions the tooth load on one flank is significantly higher and is 

applied for longer periods of time than for the opposite one. An asymmetric tooth shape reflects this 

functional difference. This paper describes an approach to rationalize the asymmetric gears 

parameter selection to meet a variety of operating conditions and requirements to custom high 

performance gear drives. 

Introduction 

In many gear transmissions the tooth load on one flank is significantly higher and is applied for 

longer periods of time than for the opposite one. There are many publications about gears with 

asymmetric teeth [1, 2], where the asymmetric teeth design is defined by the preselected asymmetric 

generating (tooling) gear rack parameters, - a common method for conventional gears with 

symmetric teeth. The modified asymmetric tooling gear racks cannot satisfy all possible applications 

and requirements of such gear drives.  

The Alternative Direct Gear Design


 method is not bounded with the preselected basic rack 

parameters and provides the gear tooth geometry optimized for specific gear train application. Its 

application to the gears with the asymmetric teeth is described in articles [3, 4]. 

This paper describes an approach to rationalize the asymmetric gears parameter selection to meet a 

variety of operating conditions and requirements to custom high performance gear drives. 

Asymmetric Gear Torque Transmission Conditions 

Asymmetric tooth profiles make possible to increase the operating pressure angle (with the given 

transverse contact ratio > 1.0) beyond the conventional symmetric gears’ limits. This allows to 

reduce drive flank contact stress and sliding velocity reduction. As a result, asymmetric gears have 

higher tooth surface endurance to pitting and scoring. Their application increases transmission 

density and makes the gearbox smaller and lighter. 

Different torque transmission condition cases for one pair of the 24 tooth spur gears are 

presented in the Table 1.  

Cases #1 and #2. The gear teeth are symmetric and their surface durability is identical for both 

tooth flanks. Case #1 presents the traditionally designed 25
o
 pressure angle gears with the full radius 

fillet. This case is considered as a baseline and its Hertz contact stress, bearing load, and specific 

sliding velocity are assumed as 100% for comparison with other gear cases. These types of gear 

profiles are used in the aerospace industry because they provide better bending strength and flank 

surface endurance in comparison with the standard 20
o
 pressure angle gears typical for commercial 

applications. Case #2 is high 32
o
 pressure angle symmetric gears, optimized by the Direct Gear 

Design method. Its Hertzian contact stress is about 8% lower and specific sliding velocity is about 

6% lower than for the baseline gear pair. They should have better flank tooth surface pitting or 

scoring resistance. However, their bearing load is 7% higher.  

Case #3. These asymmetric gears are mostly for unidirectional load transmission by a 40
o
 

pressure angle driving tooth flanks providing the advantages of 12% contact stress reduction and 

25% sliding velocity reduction. However, these parameters for the coast flanks are practically the 
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same as for the baseline gears and should provide similar tooth surface load capacity. These types of 

gears may find applications for drives with one main load transmission direction that should be 

capable to carry lighter load for shorter periods of time in transmission direction. 

Case #4. These asymmetric gears have driving tooth flanks with a 46
o
 pressure angle that reduces 

the contact stress by 14% and sliding velocity by 32%. The disadvantage of such teeth is a very high 

(+30%) bearing load. These types of gears are only for unidirectional load transmission. Their coast 

10
o
 pressure angle flanks have insignificant load capacity. These types of gears may find 

applications for drives with only one load transmission direction that may occasionally have no load 

coast flank tooth contact, like in the case of a tooth bouncing in high speed transmissions.  

Table 1 

Case # 1 2 3 4 5 

Tooth profile Symmetric 

(baseline) 

Symmetric 

 

Asymmetric Asymmetric Asymmetric 

Pressure angle, 
o
 25 32 40/24* 46/10* 60/-** 

Asymmetry coefficient 1.0 1.0 1.19 1.42 -** 

Contact ratio 1.35 1.2 1.2/1.44* 1.2/1.0 1.2/-** 

Hertz contact stress, % 100 92 88/102* 86/150* 94/-** 

Bearing load, % 100 107 118/99* 130/92* 181/-** 

Specific sliding 

velocity, % 

100 94 75/108* 68/97* 49/-** 

Torque transmission 

flanks 

both both drive, coast 

with lower 

load  

drive,  

coast with 

no load 

drive flank 

only 

 * for drive/coast tooth flanks; 

 ** coast flank mesh does not exists. 

 

Case #5. Asymmetric gears have only driving tooth flanks with the extreme 60
o
 pressure angle 

with no involute coast tooth flanks at all. They may not be considered for any particular practical 

applications, they demonstrate an extreme case of the asymmetric spur involute gears.  

Asymmetric Gears in Chain and Planetary Arrangements 

The nominal contact stress at the pitch point is [5] 

1

1
t

H H E

w w

F u
z z z z

d b u
ε βσ

±
= ,                        (1) 

Where, 

- 
2

2cos( ) cos( )

cos( ) sin( )

b wt

H

t wt

z
β α

α α
=  - zone factor, for the directly designed spur gears 

2

sin(2 )
H

w

z
α

= ;                             (2) 

- ZE - elasticity factor that takes into account gear material properties (modulus of elasticity 

and Poisson’s ratio); 

- Zε – contact ratio factor, its conservative value for spur gears is Zε = 1.0; 

- Zβ – helix factor, for spur gears Zβ = 1.0; 

- Ft – nominal tangent load, that at the pitch diameter dw1 is 1

1

2
t

w

T
F

d
= ; 

- T1 – driving gear (pinion) torque; 

- bw – contact face width; 

- sign “+” for external gearing, sign “-” for external gearing. 
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Then for the directly designed spur gears the nominal contact stress at the pitch point can be 

presented as 

1

1

22 1

sin(2 )
H E

w w w

T u
z
d b u

σ
α

±
= .                      (3)  

In the chain gears, the idler gear transmits the same load by both tooth flanks. This arrangement 

seems unsuitable for asymmetric gear application. However, in many cases, the idler’s mating gears 

have a significantly different number of teeth (Fig. 1). This allows asymmetric gears to equalize the 

contact stress and achieve maximum load capacity. 

 

Fig. 1. Chain gear attangement; 1 – input pinion; 2 – idler gear; 3 – output gear  

 

The pitch point contact stress in the pinion/idler gear mesh is  

1 12
12

1 12 12 12

2 12

sin(2 )
H E

w w w

T u
z
d b u

σ
α

+
=                (4) 

and in the idler/output gear mesh is 

232
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2 23 23 23

122

sin(2 )
H E

w w w

uT
z
d b u

σ
α

+
=                 (5) 

or, ignoring gear mesh losses   

2312 1
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122
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H E
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uu T
z
u d b u

σ
α

+
= ,                (6) 

where the subscript indexes “12” and “23” are for the pinion/idler gear and the idler/output gear 

meshes accordingly. 

When σH12 = σH23, from (4) and (6), considering that all gears are made from the same material, the 

idler gear pressure angle ratio is 

23 12 23

12 23 23 12

sin(2 ) 1

sin(2 ) ( 1)

w w

w w

b u

b u u

α

α

+
=

+
.                    (7) 

For example, if the pinion number of teeth is n1 = 9, the idler gear number of teeth is n2 = 12, the 

output gear number of teeth is n3 = 20, the contact face width ratio is bw12/ bw23 = 1.2, and the 

pinion/idler gear pressure angle is αw12 = 35
o
, the idler/output pressure angle is 

23

20
1

1 12arcsin(sin(2 35 ) 1.2 ) 25.3
20 122

( 1)
12 9

o o

w t
α

+

= × × × =

× +

. 
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Similar contact stress equalization technique can be applied for the planetary gear arrangement 

(Fig. 2), because the planet gear is considered as the idler gear engaged with the sun gear and the 

ring gear. 

 

Fig. 2. Planetary gear attangement; 1 – sun gear; 2 – planet gear; 3 – ring gear  
 

In this case, the planet and ring gears are in the internal mesh and equation (7) looks like 

23 12 23

12 23 23 12

sin(2 ) 1

sin(2 ) ( 1)

w w

w w

b u

b u u

α

α

−
=

+
.                    (8) 

For example, if the sun gear number of teeth is n1 = 9, the planet gear number of teeth is n2 = 12, 

then the output gear number of teeth is n3 = n1 +2n2 = 33, the contact face width ratio is bw12/ bw23 = 

1.8, and the pinion/idler gear pressure angle is αw12 = 40
o
, the idler/output pressure angle is 

23

33
1

1 12arcsin(sin(2 40 ) 1.8 ) 14.5
33 122

( 1)
12 9

o o

w
α

−

= × × × =

× +

. 

Summary 

(1) This paper introduces the Direct Gear Design approach for the asymmetric gear design. 

(2) Different cases of possible load transmission conditions for asymmetric gears are described. 

(3) Contact stress equalization for the chain and planetary arrangements with the asymmetric gears 

and numerical examples are presented.   
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Abstract. In this paper the failures which may occur in the development and service of the helicopter 
transmission system are discussed. The mode, characteristic, cause and corrective action for the 
failures are summarized. Besides, the measures of the design and manufacture to eliminate the 
failures are recommended.   

Introduction 

According to specifications, the failure of the transmission system means that the time or status as the 
product or part of the product of the transmission system cannot accomplish the required 
performance. According to their macro characteristic, the failures could be divided into three types: 
surface damage, breakage and excessive deformation. The main failure modes, effects and causes of 
the transmission parts are as listed in Table 1. 

Table1   Failure modes, effects and causes of the transmission parts 
Parts Failure modes Failure effects and 

hazards 
Main causes of the failure Failure 

classification 
Gear  Tooth surface 

pitting  
It may lead to spalling and 
other severe defects and 

could be detected by chip 
detector.  

 
Excessive surface stress 
and/or insufficient tooth 

surface durability 

 

Minor  

Tooth  surface 
spalling  

Affecting gear meshing, 
enlarging vibration and 
may leading to tooth 

breakage . 

Major  

 
Tooth  surface 
Scratch/ 
scoring 

Scratch’s further 
deterioration may lead to 
scoring and other severe 

defects affecting gear 
meshing, enlarging 

vibration and leading to 
tooth breakage. 

 
Load concentration or 
insufficient lubrication. 

 

Major 

Tooth breakage 
  

 
Loss of transmission 

function  

Excessive loading, 
insufficient tooth load 
capacity or excessive 

vibration. 

Catastrophic 

Gear rim and web 
breakage 

Loss of transmission 
function 

Excessive vibration Catastrophic 

Bearing Spalling  Affecting or total loss of 
supporting/ centering 

functions  

Excessive surface contact 
stress and/or insufficient 

load capacity 

Major 

Overheating and 
deformation 

Failing to provide 
normally supporting/ 
centering functions 

Incorrect lubrication, design 
or manufacture. 

Minor or 
major 

Wear Affecting supporting/ 
centering functions 

Unsuitable  bearing surface 
and lubrication condition. 

Minor 
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Shaft Breakage Loss of transmission 
function 

Excessive loading and/or 
insufficient load capacity or 

excessive vibration. 

Catastrophic 

Excessive 
vibration 

Leading to breakage 
resulting in loss of 

transmission function 

Unsuitable design, 
manufacture, assembly, 
dynamic balancing and 
operation conditions. 

Major or  
catastrophic 

Spline excessive 
wear, spallingand 
breakage  

Affecting or total loss of 
transmission function  

Unsuitable design, 
manufacture, assembly and 

operation conditions. 

Minor, major 
or catastrophic 

 
Coupling 

 
Breakage Affecting or total loss of 

transmission function  
Unsuitable design and 

manufacture. 
Major or  

catastrophic 
Delamination 
or bolt looseness 
for flexible film 
coupling 

Affecting transmission 
function and may leading 

to severer damages. 

Unsuitable design, 
manufacture, assembly and 

operation conditions. 

Major 

Clutch Breakage Loss of transmission 
function 

Incorrect assembling 
operation, end load 

concentration, excessive 
loading and/or vibration 

Major or  
catastrophic 

 

Spalling Enlarging vibration, 
leading to 

breakage resulting in loss 
of transmission function. 

Excessive loading and/or 
vibration 

Minor or 
major 

Casing Breakage Loss of supporting and 
reacting loads function. 

Excessive loading, 
insufficient static or fatigue 

strength, uneven  
distribution of the strength 

Catastrophic 
 

Excessive 
deformation 

Affecting the supporting 
and reacting loads 

function of the casing. 

Excessive loading, 
insufficient stiffness, 

uneven stiffness distribution 

Major 

Lubracation 
system and  
components 

Failing to  
accomplish the 
expected 
performances 

Affecting or total loss of 
lubrication and cooling 

functions. 

Unsuitable design and/or 
manufacture of the 
lubrication system. 

Major 

Element 
physical crack 

Affecting or total loss of 
lubrication and cooling 

functions. 

Unsuitable design and/or 
manufacture of the 

lubrication components. 
Operation conditions. 

 

Major 

Oil leakage Affecting the normal 
operation of the gearbox. 

Major 
False warning Minor or major 

Gear Failure 

The failures of transmission system gears are of three main types: tooth surface damage, tooth 
breakage and rim and web vibration fatigue breakage. 
Tooth Surface Damage. The pitting and spalling are the main types of the transmission system gear 
tooth surface failure, which are due to the heavy local contact stress exceeding the fatigue limit. The 
pitting on the loaded surface of a main gearbox (MGB hereafter) accessory gear is shown in Fig. 1. 
The pitting is initial and in the middle of the profile under the pitch circle.  

Failure analysis reveals the reason for the failure. The surface hardness of the teeth is not sufficient 
and the minimum case hardening depth is too small due to the improper stock removal resulting in 
strength weakening. Besides, the contact pattern of the gear shows double line contact along profile 
resulting in high contact stress. With improvement of the technological process the problem was 
solved. 
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The deterioration of pitting will result in spalling. In Fig. 2 a MGB spiral bevel pinion after bench 
endurance test is shown. On the loaded side of all the teeth spalling could be seen. The area of the 
maximum spalling is about 5×2mm. The spalling is contact fatigue damage and due to the poor 
pattern showing diagonal contact and loading concentration.  

                               
Fig. 1 Pattern and pitting area of                                 Fig. 2   Spalling of MGB  

accessory gear                                                            spiral bevel pinion 

Load concentration also may occur on the doubled cylindrical gear or rigidly installed sun gear of 
planetary gear train. The surface spalling of a sun gear after bench test is as shown in Fig.3. The 
boundary of the spalling is in accordance with the edge of mating. Micro cracks due to high contact 
stress could be seen above the spalling source (Fig.4). For this failure, teeth spiral line modification is 
an effective corrective action.  

         
                   Fig. 3 Spalling of sun gear tooth                  Fig. 4 Micro crack above spalling source 

The scratch and scoring are other types of gear tooth  surface failure and related to the excessive 
local loading or poor lubrication and do not clearly related to the running time. In Fig. 5 a scratched 
MGB collective stage pinion is shown after bench test. The scratches occur in the middle of the teeth 
width on both pinion and gear and in the profile direction. The unsuitable contact pattern is the main 
cause for the scratch.  

Tooth Breakage. In transmission system most breakage failures is fatigue breakage due to the 
excessive loading or insufficient teeth load capability. However, in some cases vibration load is the 
cause of breakage. In Fig. 6, a broken tooth of gear is shown. On a tooth about 1/4 circle apart there is 
a spalling in the middle of profile. This is the typical characteristic of pitch diameter vibration [1]. 

                

Fig.5 Scratch of a MGB collective stage pinion          Fig.6 Breakage of gear tooth 
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Vibration Fatigue Breakage of Gear Rim and Web. For high speed bevel gear, the vibration 
vertical to the web and of shell shape may occur. The vibration transmits in two opposite direction 
producing forward and backward travel waves. The vibration may result in the gear breakage [2, 3] as 
shown in Fig. 7.  

Bearing Failure 

Spalling. The causes for the bearings spalling are different according to the bearing types and 
operational conditions. 

In general the planet gear spherical bearing design should meet the following two requirements: 
- The tangential line at the roller and outer raceway contact point should intersect the bearing 

center line and roller axis at one point to ensure the pure rolling of the rollers. 
- The resultant forces on the roller must be balanced to eliminate the turning moment and to ensure 

the even distribution of the load on the inner race. 
A planet gear spherical bearing spalled in test on the inner race or rollers. As calculated the contact 

point of the roller with the inner race is 0.54mm from the roller middle and the displacement of the 
contact point is ±6.7mm when the roller maximum diameter position tolerance is ±0.05mm. Since 
the displacement is too great, the movement of the roller is not steady and the resultant forces were not 
balanced. This resulted in the load concentration and fatigue spalling. Therefore the manufacture 
accuracy of roller maximum diameter position and inner race height need to be improved and the 
position of inner and outer race contact point needs to be strictly controlled [5].  

The spalling of an accessory drive gear angular contact ball bearing outer race during MGB bench 
test is as shown in Fig.8. Its inner race and balls also spalled. The failure is due to the unsuitable axial 
clearance of the bearing resulting in the outer race inclining, contact angle error increasing and 
bearing load concentration.  

           
Fig.7 Gear pitch diameter                       Fig.8 Spalling of angular contact ball bearing outer race 

vibration breakage                        (The rolling and grinding pattern is clearly near the outer side edge)  

The stiffness of the cantilevered supported gear is relatively lower and easy to deflect resulting in 
bearing load concentration. The spalling of a roller bearing outer race of a cantilever supported pinion 
during bench test is as shown in Fig. 9. The spalling locates at the side of the race corresponding to the 
gear deformation.  For this, the support stiffness should be increased. 

The spalling of a bearing roller during bench test is as shown in Fig. 10. The spalling initiated from 
the µm initial spalling in circumferential strips on rollers. The low roughness of the inner raceway 
(Ra0.28µm∼0.47) created local oil film rupture and metal-metal interactions which generate local 
overstress resulting in surface µm initial spalling.  
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Fig. 9 Spalling of a roller bearing outer race                    Fig. 10 Spalling of a input gear bearing roller 

Overheating and Deformation. Insufficient lubrication, such as insufficient oil tube area, 
insufficient oil jet flow and obstructed oil scavenge, may result in the bearing failure like color change 
of the raceway or rolling element and raceway deformation and, even heavier,  rolling element 
spalling or scoring.   

For example, due to design defect the oil supply to a tail gearbox bearing was insufficient resulting 
in overheating and scoring. The splash trough for the bearing was improved, the oil quantity was 
increased and the problem was solved. 
Wear. The raceway wear could be of three types: scoring wear, fatigue wear and abrasive  wear. The 
scoring wear is caused by slid rubbing with excessive clearance at high speed and low loading. The 
fatigue wear is a early type of spalling and due to low roughness or long time operation at acceleration 
or deceleration states which create µm initial circumferential spalling strips at the raceway. The 
abrasive wear occurs when the oil is contaminated or metal chips enter the raceway. 

After endurance bench test the contact surface between the cage and rollers of a MGB input pinion 
taped roller bearing was worn. The failure is due to the cage shape and dimension exceeding the 
allowed tolerances and not uniform rollers effective length resulting in local contact between rollers 
and cage. 

Shaft Failure 

Shaft Breakage and Vibration Failure. The criticality of the shaft breakage is significant and must 
be avoided.  

Besides, the excessive vibration of a shaft will deteriorate its operation condition and also needs to 
be eliminated. During a transmission system ground running the tail boom vibration was significant. 
According to the spectrum analysis the vibration mainly comes from the tail drive shaft rotation 
frequency. The balancing method and tools were improved, the balancing condition was controlled to 
simulate the operation state as close as possible and the problem was solved. 

The supercritical tail drive shaft and, between the shaft and gearbox, the floating involute spline 
without axial restriction has often been used. A study highlights [4] that for spline connected rotor 
support system self-exciting vibration will appear if operating at supercritical state. The vibration will 
significantly affect the shaft life. In design the actions to restrain the self-exciting vibration should be 
taken, e.g. damping near the spline.  
Spline Failure. Excessive wear and spalling are main failure modes of the transmission system 
floating spline. The enough contact strength and hardness of the teeth surface should be ensured. For 
example a internal spline of 0.5mm module was initially tempering treated (outer spline is 
casehardened). During operating due to the relative inclination and stress concentration the internal 
spline was worn out gradually.  Therefore the internal spline was nitrided, the spline lubrication and 
centering was improved and the problem was solved. 
 
 

78 Advances in Power Transmission Science and Technology



 

Coupling Failure 

Couplings commonly used in the transmission system include flexible film coupling, diaphragm 
coupling (Bendix coupling), other flexible coupling and spline coupling, etc. 

Flexible film coupling composed of films bonded together by the fasteners with the shaft flange. 
The main failure modes of the coupling are film breakage, twisting, delamination and bolt looseness 
(Fig.11, 12). 

 
 
 
 
 

              
Fig.11 Type of flexible film              Fig.12 Example for twisting and              Fig.13 Diaphragm coupling breakage 

        breakage                               delamination of flexible film coupling                in the high cycle fatigue test 
 

The main failure mode of the diaphragm coupling is transient and fatigue breakage. In order to 
avoid the failure the diaphragm profile should be optimized, the minimum thickness of the diaphragm 
should be determined correctly, the material of the coupling should be selected properly (generally,  
martensite aged steel or high strength Titanium alloy are used), proper heat treatment and surface 
process should be adopted and appropriate accuracy should be assured. 

The coupling shown in Fig.13 broke early in high cycle fatigue test. The crack originates from the 
turning trace at the thinnest area of the inner profile (the maximum stress position) where the 
microscopic structure is rough and residual tensional stress exists. Therefore the technological 
process was improved to eliminate the residual stress and turning trace and to refine the material grain. 
With these improvement the coupling passed the high cycle fatigue test.                                                                                          

Clutch Failure 

There are two types of overrunning clutch now widely used in the transmission system: roller clutch 
and sprag clutch. 
Wear and Spalling of Contact Surface. The main causes for the surface wear and spalling is 
insufficient hardness and strength of the surface. Tortional vibration in service may also introduce the 
failures. 

Apart from deep casehardening (up to 1.5mm∼2mm), roller or sprag surfaces often are covered 
with a wear-resisting layer which is formed with physical or chemical gas phase deposition. The 
technological parameters of the deposition should be controlled strictly. Otherwise layer spalling may 
take place. 
Breakage of Roller or Sprag.  The failure may be transient or fatigue breakage. An example is 
shown in Fig.15.  

Incorrect installation or operation may incur transient breakage. Fatigue breakage is mainly related 
to end stress concentration and overloading. Torsional vibration may increase contact loading to 
enhance the possibility of breakage. End modification (sloping) may reduce the end load 
concentration and avoid the breakage.  
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Fig. 14 Wear of sprag surface layer                                   Fig. 15 Breakage of sprag 

Cage Damage. The failure of clutch cage is wear, deformation and breakage mainly. For instance, the 
ribs of a MGB roller clutch cage broke during starting (Fig.16). The breakage is due to the position 
error of the cage holes exceeding the limit affecting the simultaneous engagement and disengagement 
of the rollers. The clutch shaft is worn abnormally resulting in the rollers inclining and oscillating in 
the cage holes. Thus significant alternative stress appeared in the ribs resulting in fatigue breakage. 
Spring Failure. The clutch spring operates under high alternative stress. As shown in Fig.17, the 
spring locates in the slots of the sprags and contacts the sprag slot edge at over-torque or overrunning 
conditions. Under tortional and radial vibration the inclining angle of the sprag will increase and 
varies alternatively. Thus the spring will contacts the inner and outer edges of the sprag slots heavily 
resulting in wear and fatigue breakage. It is recommended to shot peen and standing treat the spring to 
enhance its fatigue strength.   

                
Fig.16 Cage rib breakage          Fig.17-1 Contact between spring       Fig.17-2 Contact between spring  

condition                          and sprag slot at normal condition               and sprag slot at over-torque  

Case Failure 

The cases failures are often related to its structural design and metallurgical quality. In Fig.18 the 
fracture of a MGB case is shown which occurred in fatigue test earlier than expected. As shown in 
Fig.19, the gas hole and shrinkage defects of the casting deteriorate the fatigue capacity of the case 
causing the cracks to take place.  

The case breakage is catastrophic and must be avoided. The main actions are as follows. 
- Comprehensive analysis of the cases load and load distribution under each condition at each area. 
- Correct design of cases lugs, ribs, corners, fillets and holes to ensure even distribution of the 

stresses and avoid weak area. 
- Improving casting and forging technique to ensure the metallurgical quality and mechanical 

properties. 
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